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Abstract 

An investigation into the feasibility of the free-piston engine concept and its potential for high 

efficiency and low emissions power generation has been conducted using computational modelling 

and simulation. A thorough background study and literature review was carried out covering 

previously reported experience with free-piston engines, particular features of this technology, and 

potential advantages and challenges associated with their design. 

A single piston free-piston engine generator was proposed as a result of the background study 

and a design strategy for this engine configuration was formulated. Detailed simulation models for 

the free-piston engine were developed and extensive simulation studies conducted to investigate 

the performance and operating characteristics of such an engine. Engine performance indicators, 

such as fuel efficiency, power to weight ratio, and exhaust gas emissions formation, were stud

ied along with engine operational control issues. The results were directly compared to those of 

equivalent conventional crankshaft engines in order to investigate potential differences in engine 

performance. 

It was found that the free-piston engine has potential advantages over conventional technology 

in the areas of mechanical efficiency, exhaust gas emissions formation, and operational flexibility. 

The main challenge lies within the area of piston motion control and further research into engine 

control issues are required. A more detailed study of engine emissions formation is also recom

mended in order to fully understand the influence of the particular operating characteristics of the 

free-piston configuration on engine performance. 
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Chapter 1 

Introduction 

Recent years have seen a significant increase in the awareness of environmental effects resulting 

from the use of fossil fuels as an energy source, within the scientific community, industry, gov

ernment, and the general public. Extensive use of such fuels for transport (sea and land based) 

and power generation leads to significant amounts of carbon dioxide and other pollutants being 

produced, and much research is being undertaken within both academia and industry to develop 

more efficient and environmentally friendly energy chains. Much of this work is driven by the 

ever-tightening environmental legislation imposed by governments worldwide, requiring among 

others car manufacturers to comply with stringent emissions targets. Both 'local' pollutants which 

pose health risks to humans, such as carbon monoxide and particulates, and carbon dioxide, which 

is widely accepted to influence global climate, are increasingly being regulated. 

1.1 Alternative power generation systems 

To comply with tightening emissions regulations and to improve engine efficiency there is a grow

ing interest in alternative power generation systems, unconventional engine technology, and the 

use of alternative fuels. Technology which was previously not commercially viable may have ad

vantages in a marketplace with heavier taxation on fuel consumption and emissions generation. 

1.1.1 Stationary power generation 

A substantial part of the electric power generation is in most industrialised countries based on 

fossil fuels utilised in large scale power stations. In such power plants, significant amounts of 

waste heat are produced which can not be easily utilised, and much research is therefore being 

undertaken in the area of small scale combined heat and power systems. By generating electric 

power locally, the waste heat can more easily be used for heating purposes and the utilisation of 

the fuel energy is improved, giving an increased total efficiency. A requisite for such a system to 
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be feasible is, however, the availability of an efficient combustion engine suitable for small scale 

power generation. 

1.1.2 Propulsion systems 

In the automotive industry, technologies offering near-zero emissions, such as electric vehicles and 

hydrogen-based fuel cell vehicles, are under continuous development by a number of manufac

turers. The implementation barrier for such a radical technology change is, however, large. The 

hybrid electric vehicle has shown to be able to realise large emissions reductions within a shorter 

timescale, and such technology is becoming commercially available from an increasing number of 

manufacturers. A similar concept with the same motivations and potential advantages, currently 

being explored within the marine industry, is the all-electric ship concept. 

Both hybrid electric vehicles and the all-electric ship employ an efficient electric distribution 

network with energy storage devices and electric end drives, which partly or fully separates the 

combustion engine from the mechanical drive chain. This reduces the load variations on the en

gine and allows it to work closer to its optimum operating conditions, resulting in improved fuel 

efficiency and reduced emissions. Vessel or vehicle ''braking'' energy can be recuperated, further 

reducing fuel consumption. Moreover, eliminating the need for a wide load and speed range may 

allow a more optimised engine design or the implementation of alternative technologies such as 

fuel cells or other types of internal or external combustion engines. 

1.1.3 Alternative fuels 

Alternative fuels used in power generation or vehicle propulsion include fuels which can be gener

ated from renewable sources. Examples include biodiesel, vegetable oils, alcohols such as methanol 

and ethanol, as well as gaseous fuels such as hydrogen and synthetic gas ('syngas') resulting from 

the gaSification of biomass or other waste material. Economic incentives have been introduced by 

several governments to increase the use of alternative fuels, and blends of fossil and renewable 

fuels are commercially available in many countries. 

Alternative fuels may have characteristics different to those of conventional, fossil fuels, in areas 

critical for engine operation such as energy content, combustion properties, and lubricating prop

erties, and modifications or conversions may be required prior to the use of such fuels in existing 

combustion engines. The ability to operate on a variety of fuels is therefore of high importance 

in modem engines, and unconventional engine configurations may offer better performance than 

conventional technology in this area. 
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1.2 Internal combustion engines 

The internal combustion engine has, since its first development (in the form that we know it today) 

in the late 19th century, played a key role in industrialisation and technological development in the 

modem world. It is arguably among, if not the, most successful and widely used piece of machinery 

the world has seen. Although significant improvements in engine performance have been made, 

mainly through the use of advanced materials and modem engine technology, the basic operating 

principle of modem engines is identical with those used more than 100 years ago. 

The focus for engine developers has, however, changed, due to changes in customer demand 

and governmental regulation. While the main focus half a century ago was engine power output 

(Le. achieving a high power to weight ratio), today's engine manufacturers face customer demands 

for high fuel efficiency, due to high fuel oil prices, and stringent emissions legislation imposed by 

governments. Continuous improvements in engine performance are being made through the use 

of advanced computational models in the engine design process and the development of modem 

engine technology such as microprocessor-based control, high-pressure injection systems, knock 

sensors, and effective catalysts and filters. 

1.3 The free-piston engine 

Free-piston engines are linear, 'crankless' internal combustion engines, in which the piston motion 

is not driven by a crankshaft but by an interaction of forces acting on the piston. This allows a 

significantly simpler engine structure, making the engine more compact and with lower frictional 

losses, but also requiring more complicated engine control. 

Free-piston engines were first proposed around 1920, and enjoyed some degree of success in the 

mid-20th century as air compressors and gas generators in large scale powerplants. In recent years, 

the free-piston engine concept has again attracted attention from researchers and engine developers 

seeking to reducing engine emissions and improving fuel efficiency. 

The main attractions with the free-piston engine concept are its potential for optimised engine 

operation and low frictional losses. In conventional engines, the energy delivered by the com

bustion gases on the linearly moving piston is converted into a rotating power output by the 

crankshaft, before it is converted into electric or hydraulic power through a generator or pump. 

In the free-piston engine the linear energy from the moving piston is utilised directly through a 

linear load device, eliminating the complicated crank mechanism and associated losses. 

Furthermore, the absence of the crankshaft means that the compression ratio in the free-piston 

engine is not fixed, but can be varied in order to optimise engine operation (provided that an 

appropriate control system can be realised). This may allow the possibility of optimising engine 
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operation for e.g. different load levels, alternative fuels or given emissions targets. 

1.4 Contribution to existing research 

A large number of patents and research reports describing free-piston machinery exist, and a num

ber of different free-piston engine configurations have been proposed. However, only very few 

authors have presented detailed studies of the performance of modem free-piston engines, and 

there is no general agreement on what is the best configuration. Some reports have indicated po

tential advantages over conventional technology, but little is known about the details of free-piston 

engine operating characteristics and performance. 

This thesis presents a number of contributions to existing research in the form of a detailed 

investigation into the performance and operational characteristics of a single piston free-piston 

engine. Advanced computational simulation models have been used to investigate the general 

operational characteristics of the engine, controllability, the combustion process and exhaust gas 

emissions formation. A direct comparison to equivalent conventional engines is presented, allow

ing an evaluation of potential advantages of the free-piston engine concept on a fundamental level. 

The structure of the thesis is as follows. 

• Chapter 2 presents a detailed background study, thoroughly evaluating the particular fea

tures of the free-piston engine and reviewing reported free-piston engine applications and 

their performance. 

• Based on the background study, Chapter 3 proposes a design for a free-piston engine genera

tor, intended for electric power generation in medium to large size applications. Justification 

for the chosen single piston configuration is presented, and a design strategy for the engine 

is outlined. 

• Chapter 4 presents a full-cycle simulation model for the proposed engine. Simulation results 

are presented, showing the operational characteristics of the free-piston engine, along with 

the influence of the main engine design and operational variables. 

• Chapter 5 investigates the in-cylinder processes in free-piston engines in greater detail, using 

a multidimensional simulation model. In-cylinder gas motion, combustion and emissions 

formation are studied and directly compared to results predicted for conventional engines in 

order to identify potential advantages of the free-piston engine. 

• In Chapter 6, engine control issues are studied using the full-cycle simulation model. The 

transient response of the engine resulting from changes in the input variables is studied, and 

control strategies investigated. 
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• Finally, in Chapter 7 the results are summarised and evaluated, and further work is sug

gested . 

. The free-piston engine is evaluated in relation to the need for modern engine technology to pro

vide efficient energy conversion with low exhaust gas emissions, to allow operation on alternative 

and multiple fuels, and to satisfy the requirement of a compact and flexible engine configuration in 

modem vessel and vehicle designs. 
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Chapter 2 

Review of free-piston engine features 
and reported applications 

Due to the breadth of the free-piston term, many engine configurations will fall under this cate

gory. This introductory chapter presents the basic features of free-piston engines and establishes 

the terminology for the rest of the text. Proposed advantages and disadvantages associated with 

the free-piston engine concept are reviewed and reported free-piston engines and experience with 

free-piston engine operation are presented. 

Parts of the work presented in this chapter were presented by Mikalsen and Roskilly [73]. 

2.1 Basic features of the free-piston engine 

The free-piston term is most commonly used to distinguish a linear engine from a conventional 

crankshaft engine. The piston is 'free' because its motion is not restricted by the position of a rotat

ing crankshaft, as known from conventional engines, but is decided by the interaction between the 

gas and load forces acting upon it. This gives the free-piston engine some distinct characteristics, 

the most important being (a) variable stroke length and (b) the need for active control of piston 

motion. Another important feature of the free-piston engine is the potential reduction in friction 

losses due to the simplicity of the concept. In addition to fewer moving parts the purely linear 

connecting rod motion gives v~ry low side forces on the piston, further reducing frictional losses. 

A number of configurations fitting the description above have been proposed. The following 

sections give an overview of the most common types of free-piston engine configurations, their 

design and operating characteristics. 

2.1.1 The original concept 

The invention of the free-piston engine concept is usually credited to Raul Pateras Pescara, based on 

his patent from 1928 [82]. It should, however, be noted that other vendors, among others the Ger-
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man company Junkers, were also working on free-piston machinery at this time and other patents 

describing free-piston machinery had also been published [37].1 

Pescara was an Argentinian born inventor and lawyer who lived most of his life in Europe, 

where he worked on numerous inventions including helicopters, seaplanes, automotive vehicles 

and engines. Pescara started his work on free-piston engines around 1922 and developed pro

totypes with both spark ignition (1925) and compression ignition combustion (1928). The latter 

ultimately led to the development of the Pescara free-piston air compressor described in Section 

2.2.1. 

The original Pescara patent describes a spark ignited air compressor, but the patent seeks to 

protect a large number of applications utilising the free-piston principle. The machine illustrated 

in the patent consists of a single piston moving in a bouncing manner between the ends of a two

end cylinder, in which one end consists of a combustion cylinder and the other of an air compressor. 

The cylinder is allowed to slide within a frame, with a motion in opposite phase ~o that of the piston' 

in order to cancel out vibrations. The sliding of the cylinder also controls the opening and closing 

of a number of ports in the cylinder liner. 

Pescara continued his work on free-piston machinery for several years and also patented a 

multi-stage free-piston air compressor engine in 1941 [83]. 

2.1.2 Piston configuration 

Free-piston engines are usually divided into four categories based on the piston and cylinder con

figuration and operational characteristics. Three of these, the single piston~ dual piston and op

posed pistons configurations, are related to the number of pistons and cylinders and their arrange

ment. The fourth, the free-piston gas generator, describes engines in which the power output is 

taken from an exhaust turbine. 

2.1.2.1 Single piston configuration 

An illustration of a single piston free-piston engine is shown in Figure 2.1. The load may be an 

electrical machine, an air compressor, a hydraulic pump or in theory any linear-acting force. Many 

of the recent approaches in free-piston engine developments are of the single piston type, mainly 

due to the simple design and high degree of controllability. 

The working principle of the engine is more or less self-explanatory: the combustion cylinder 

works on a two-stroke cycle, with combustion when the piston is near top dead centre (TDC)2 in 

the cylinder and scavenging in the lower part of the cylinder. The rebound device, here shown as a 

1 For a comprehensive timeline of free-piston engine developments, see Aichlmayr [3]. 
2Top dead centre and bottom dead centre are defined as the positions where the piston velocity changes direction (as 

such, the piston velocity at those points is equal to zero). It should be noted that in the free-piston engine, this is not a fixed 
value as in conventional engines but will vary according to engine operating conditions. 
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Load 

Bounce chamber 

Combustion chamber 

Figure 2.1: Single piston free-piston engine configuration [3]. 

bounce chamber, works as an energy storage device, storing energy from the combustion process to 

drive the compression process for the next cycle. Since the combustion process produces net work 

over the cycle, energy can be extracted from a load coupled to the system. 

Controllability is regarded to be the main strength of the single piston design compared to the 

other free-piston engine configurations. The rebound device may accurately control the amount 

of energy put into the compression process and thereby regulate the compression ratio and stroke 

length. Such control can for instance be achieved by using a variable pressure, gas filled bounce 

chamber, an electric machine or a hydraulic actuator as rebound devices. 

The single piston free-piston engine is in its basic configuration not balanced, and vibrations 

must be taken into account in the design and mounting of the engine. An important control aspect 

if the engine is to be synchronised with other engines, or if it faces other vibration limitations, is 

therefore the possibility to apply frequency control. For an engine with a gas-filled bounce chamber, 

the system will resemble a spring-mass system and the bouncing frequency will be determined 

by the moving mass and the stiffness of the springs. The stiffness of the combustion chamber 

'gas spring' can be controlled by the mass of fuel injected. If the amount of gas in the bounce 

chamber can also be varied, the bounce chamber spring stiffness can be varied and some degree of 

controllability can possibly be achieved. 

Another approach, intended for providing flow control in hydraulic free-piston engines, has 

been applied among others by the Dutch engineering company Innas BV [2]. They apply 'pulse 

pause modulation' frequency control which pauses the piston motion at BOC using a controllable 

hydraulic cylinder as a rebound device. At BDC the piston velocity is zero and the upwards motion 

will only begin when the rebound device releases the stored energy. The frequency can therefore be 

controlled by applying a pause between the time at which the piston reaches BDC and the release of 

compression energy for the next stroke. The frequency can in theory be varied down to zero, unlike 

in conventional engines where the idle speed represents the minimum operating frequency. This is 

possible because the piston motion is not frequency-dependent since it will be the same regardless 

of operating frequency. Another consequence of this is that the frequency will have very low in-
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fluence on the efficiency of the engine, giving the potential of very good part-load performance in 

such engines. Such frequency control also allows frequency changes to take place instantaneously 

and step wise. Somhorst and Achten [90] reported an idle speed for the Innas Free-Piston Engine 

of 1 Hz (60 rpm). An illustration of the principle for an engine with a 20 Hz maximum frequency is 

shown in Figure 2.2. Note that the piston trajectory is similar regardless of operating frequency. 
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Figure 2.2: The principle of pulse pause modulation frequency control. 

The single piston configuration with a hydraulic load device has been the most successful of recent 

free-piston engine applications. Some mainly theoretical studies have proposed the use of single 

piston engines for electric generators and air compressors, but only a limited number of successful 

prototypes have been reported. In a review of different free-piston concepts, Achten [1] claimed 

that the single piston engine is the only free-piston configuration for which control problems have 

been successfully resolved and highly accurate control achieved for emission reductions and opti

mal efficiency operation. 

2.1.2.2 Dual piston configwation 

The dual piston (or dual combustion chamber) configuration, illustrated in Figure 2.3, has been a 

topic for much of the recent research in free-piston engine generator technology. A number of dual 

piston designs have been proposed and a few prototypes have emerged, both with hydraulic and 

electric power output. The main advantage of the dual piston configuration is that it eliminates the 

need for a rebound device, since the working piston (at any time) provides the work to drive the 

compression process in the other cylinder. This allows a more compact device with higher power 

to weight ratio. 
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Load 

Combustion chamber Combustion chamber 

Figure 2.3: Dual piston free-piston engine configuration. 

There are, however, some significant challenges with the dual piston design. The engine, like 

the single piston engine, is not balanced in its basic configuration. A more serious problem is the 

potential difficulty in achieving effective piston frequency and stroke length control, two influen

tial factors in engine perfonnance and operation. Since the compression work is provided by the 

power expansion in the other cylinder, variations in the combustion process will influence the next 

compression and combustion part of the cycle. This is a great control challenge if the combustion 

process is to be accurately controlled to optimise emissions and/or efficiency [1,3]. Reports on ex

perimental work with dual piston engines have reported high sensitivity to load nuances and high 

cycle-to-cycle variations [31,96]. 

Efficient load control can also represent a problem because the operating frequency of the en

gine can only be varied within limits, since the bouncing frequency is restricted by the resonant 

frequency of the system. Flow control of a hydraulic load by frequency regulation can only be 

achieved within these limits and other solutions may have to be introduced. One example of this 

is to use multiple hydraulic pump plungers, as suggested by Achten [1]. For linear alternators, a 

higher degree of load control can be obtained using power electronics and the limited speed range 

may not represent a problem. 

Despite large development efforts, the dual piston free-piston engine has not yet found widespread 

application and reported engines are mostly concept developments within academia. 

2.1.2.3 Opposed piston configuration 

An opposed piston free-piston engine configuration is illustrated in Figure 2.4 and essentially con

sists of two opposing single piston engines with a common combustion chamber. A mechanical 

linkage usually connects the two pistons to ensure symmetric motion, this is not shown in the illus

tration. Variations on the illustrated design, such as a single bounce chamber, are possible but the 

opposed piston design is necessarily larger and more complex than the free-piston configurations 

described above. 

The main advantage of the opposed piston configuration is the perfectly balanced and vibration

free original design which can be achieved if the two piston assemblies have equal mass. This is not 

shared by any of the other free-piston configurations. Furthennore, it can be controlled the same 
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Intake air 

Exhaust gas 

Figure 2.4: Illustration of an opposed piston configuration. Note that the piston synchronisation 
mechanism is not shown. 

way as the single piston engine, both regarding frequency, compression ratio and stroke control 

if the rebound devices allow this. The opposed piston configuration also eliminates heat transfer 

losses to the cylinder head, improving engine fuel efficiency. 

The opposed piston design has, however, some fundamental design challenges which give it 

disadvantages compared to the other configurations, with the need for a piston synchronisation 

mechanism being the most important. This has traditionally been solved with a mechanical linkage 

between the pistons, creating a heavier and more complex design with increased frictionallosses. 

Other means of piston synchronisation have been proposed but the feasibility of these has not yet 

been well documented. A further possible disadvantage with the opposed piston design is that the 

fuel injector in a compression ignition engine, or the spark plug in a spark ignited engine, is located 

on the cylinder wall. This potentially hinders fuel air mixing, the combustion process, and cylinder 

lubrication and may require design changes in the injection system. 

The opposed piston configuration has been the basis for several compressor, gas generator and 

hydraulic pump designs since the first developments of the free-piston engine concept. Practically 

all of the free-piston engines developed in the period between 1930 and 1960 were of the opposed 

piston type, which include the limited number of free-piston engine applications that have seen 

commercial success. 

Only a few modem opposed piston free-piston engines can be found, some of which attempt to 

avoid the complicated mechanical synchronisation mechanism known from the mid-20th century 

engines and use electronic control of the rebound device to synchronise the pistons. Achten [1] 

thoroughly reviewed the opposed piston engine and rejected this configuration, whereas Hibi and 

Ito [52] used it and reported promising results. 
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2.1.2.4 Free-piston gas generators 

Free-piston gas generators (or gasifiers3) can have any of the configurations described above, how

ever the vast majority of reported free-piston gas generators were opposed piston engines during 

the period 1940-1960. An example of an opposed piston free-piston gas generator is shown in 

Figure 2.5. The particularity of the gas generator is that the work output is taken entirely from a 

power turbine. The only work done by the engine pistons is in the supercharging of the intake 

air. Compared to a conventional gas turbine, the free-piston gas generator differs in the way that 

the work needed to compress the intake air is already extracted from the gas when supplied to 

the power turbine. Consequently, the gas holds a lower temperature which reduces the materials 

requirement for the turbine and allows the turbine to be placed farther away from the combustor 

without extensive heat transfer losses. 

L..-_---1 ....... Exhaust gas receiver 

Figure 2.5: Illustration of a free-piston gas generator. Note the similarity to Figure 2.4 

. Two types of free-piston gas generators have been reported, the inward compressing type and 

the outward compressing type. Figure 2.6 shows the principal construction of these. The inward 

compressing type, shown on the left-hand side of the figure, is compact but requires the compres

sion energy for the supercharging to be intermediately stored in the bounce chamber, thus increas

ing the size of this part. In addition, larger pumping losses result from the need for intermediate 

storage of scavenging air in the air box [101]. For the outward compressing unit, shown on the 

right-hand side, a smaller bounce chamber can be used since it only needs to store the amount of 

energy needed to compress the cylinder charge. The placement of the bounce chambers and the 

need for additional air pipes will, however, lead to an increase in engine size [101]. 

The operational characteristics of the gas generator do not differ much from those of another 

free-piston engine of the same configuration. The absence of a load force does not change the fact 

3The term gasifier is sometimes used for the free-piston gas generator. 
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Exhaust flow to turbine 

Figure 2.6: Illustration of the inward compressing (left) and outward compressing (right) types 
free-piston gas generator [3]. 

that a piston control mechanism must be established but possibly eases this task since disturbances 

in the form of load changes do not directly influence the piston dynamics. 

The opposed piston free-piston gas generator was a topic of much research in the mid-20th cen

tury, providing some advantages over present-time conventional engines and gas turbines. Most 

notable were higher fuel efficiency and lower fuel quality requirements than conventional gas tur

bines and higher power density than conventional engines. As gas turbine and conventional engine 

technology advanced, the advantages of the gas generator vanished and the concept was aban

doned in the early 1960's. Only very few modem attempts to build free-piston gas generators have 

been reported. A more detailed presentation of free-piston gas generator history can be found in 

Section 2.2.2. 

2.1.3 Free-piston engine unique features 

The free-piston engine has a number of unique features when compared to conventional internal 

combustion engines, some of which potentially give the free-piston engine advantages over con

ventional technology. However, there are a number of challenges with the free-piston concept that 

must be addressed if it is to become an alternative to conventional technology. This section will 

discuss the main unique features of the free-piston engine and their effects on engine operation 

and performance. 

2.1.3.1 Piston dynamics and control 

In a conventional engine, the crankshaft and flywheel serve as both piston motion control and 

energy storage. The piston motion control ensures sufficient compression at one end of the stroke 

and sufficient time for scavenging at the other, while the energy storage provides compression 

energy and ensures that the engine does not immediately stall if the load changes rapidly or there 
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are fluctuations in combustion performance. In the free-piston engine the piston motion is not 

restricted by a crankshaft but determined by the sum of the forces acting upon the piston assembly 

at any point in the cycle. Hence, the interaction of these forces must be arranged in a way that 

controls the piston motion for all types of operation if the concept is to be feasible. 

To better understand the dynamics of the piston and the influence of the different forces acting 

upon it, one can formulate the piston motion mathematically using a free-body diagram, as shown 

in Figure 2.7. The figure shows combustion chamber pressure force Fe, bounce chamber (rebound) 

force FR , load force FL and the piston assembly with mass mp. x denotes piston position, TDCN 

and BDCN are nominal top dead centre and bottom dead centre positions and ML denotes the 

mechanical limits of the piston motion. 

Applying Newtons 2nd law to the moving mass in Figure 2.7, the piston position can be ex

pressed as 

x 
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Figure 2.7: Free body diagram of the piston assembly in the free-piston engine illustrated in Figure 
2.1. . 

Knowing that the combustion cylinder and the bounce chamber will have characteristics similar 

to those of a gas spring, it becomes clear that they will produce a oscillating-type piston motion. 

When adding a load force, this must be subordinate to the other two forces in order to ensure the 

reciprocating motion of the piston needed to produce work in the combustion cylinder. If a rebound 

device with other characteristics than those of a spring is used, such as a hydraulic cylinder, the 

operating characteristics will be slightly different but the same principles will apply. 
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Figure 2.7 also shows the different parts of the engine stroke. Area ® shows the piston position 

range where the compression ratio of the engine is sufficient for fuel autoignition. For the engine 

to run, one outer point of the piston reciprocating motion clearly needs to be within this area. Area 

® shows the piston position range where the scavenging ports are open and the burnt gases can be 

replaced with fresh charge. For the scavenging to be effective, the piston needs to spend a sufficient 

amount of time in this area in each cycle. 

These requirements are absolute and for the engine to be practical, an engine control system 

needs to be able to meet these requirements for all types of engine operation. 

2.1.3.2 Frequency control 

For an engine with a gas filled bounce chamber or a dual piston engine, the spring-mass nature of 

the system means that the frequency and stroke length are closely related. The system will operate 

at its natural frequency, and the pressure in the gas springs (i.e. spring stiffness) can only be varied 

over a limited range. The stroke length is strictly limited by the need for sufficient compression 

and scavenging, hence the speed control possibilities of the engine are likely to be limited. This 

may also limit the power output range of such free-piston engines, an issue that has been noted by 

a number of authors as a problem with the free-piston concept. 

Engines using rebound devices with higher degrees of controllability can, however, have very 

effective frequency control schemes. An example is the pulse pause modulation control described 

in Section 2.1.2.1. 

2.1.3.3 Starting 

The free-piston engine cannot be cranked over several revolutions for starting like conventional 

engines and other methods for starting must therefore be implemented. Starting can be achieved 

by impulsing the piston to give it sufficient energy to reach sufficient compression for fuel ignition 

and combustion, or by driving the piston back and forth until sufficient compression is reached. 

The latter can be achieved if the load device can be run as a motor, for example with an electric 

machine or a hydraulic cylinder. If the impulse strategy is used, it is crucial that the engine starts 

on the first stroke and that the engine control system is able to keep the engine running after this. 

Most of the gas generators reported in the mid 20th century used compressed air to aid starting, 

by rapidly introducing it into the bounce chamber. Achieving combustion on the first stroke was 

not reported as a problem, because high compression ratios were achievable with this method. 

More challenging was to be able to immediately control the amount of air in the bounce chamber 

to achieve sufficient scavenging for stroke number two, since the bounce chamber at this point was 

full of high pressure starting air. Although some reports indicate that starting was a challenge for 

the free-piston engines, this is never mentioned as a crucial problem. 
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Recent free-piston engine developments use stored electric or hydraulic energy to aid starting, 

by using the load device in motoring mode. For single piston and opposed piston hydraulic free

piston engines, the rebound devices are hydraulic cylinders and the first stroke is not different from 

any other stroke and starting does not represent a problem. 

2.1.3.4 Misfiring 

Another potential control related problem is misfiring. If the piston fails to build up sufficient 

compression or if other factors influence the injection or ignition and the combustion process in one 

stroke, the engine may stop. The same result may follow from a mistiming in the fuel injection or 

ignition timing [13]. In a conventional engine the inertia of the flywheel and crank system ensures 

sufficient compression energy to drive the engine for several revolutions if the fuel fails to ignite, 

however the free-piston engine has no such energy storage device. 

Although this is often considered a potential problem in theoretical surveys on free-piston en

gine feasibility, such problems are not mentioned by any of the reviewed reports on experimental 

work with free-piston engines. 

2.1.3.5 Free-piston loads 

The free-piston engine requires a linear load, and for the overall system to be efficient the load must 

provide efficient energy conversion. Rotating power sources, such as internal combustion engines 

and turbines, have been the de facto standard for many years within electric power generation but 

also rotating hydraulic and pneumatic machinery are highly developed technologies. A challenge 

for free-piston engine developers is to find linear equivalents to those machines with comparable 

performance. 

In addition, mechanical requirements for free-piston engine load devices may be high since the 

load is coupled directly to the moving piston. The load device will be subjected to high acceleration 

forces, and secondary effects from the high acceleration, such as cavitation in hydraulic cylinders, 

and must also be considered. Furthermore, the load device may be subjected to heat transfer from 

the engine combustion cylinders. 

Reported free-piston engine loads include electric generators, hydraulic pumps and air compres

sors. The dynamic properties of these differ widely. Important features when determining the 

feasibility of a linear load for a free-piston engine are: moving mass, physical size, efficiency and 

load force profile. The following characteristics are typical for the mentioned load devices: 

• Hydraulic pumps typically work against a high discharge pressure. Combined with incom

pressible working fluid, this allows a small unit with very low moving mass. The efficiency 
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of such units is generally high and high operational flexibility has been demonstrated us

ing electronically controlled hydraulic control systems with fast-acting valves in free-piston 

engines. The load force of a hydraulic pump is approximately constant due to the constant 

discharge pressure over the stroke length. 

• Electric generators can be relatively compact in size but usually have a high moving mass 

due to magnets or back iron in the translator, which is required to supply or direct the power 

generating magnetic flux within the machine. The efficiency of electric machinery is, however, 

generally very high. The load force of a permanent magnet electric machine coupled to a 

purely resistive load will be proportional to the translator speed, however with other designs 

or the implementation of power electronics, a different relationship may be deSigned. 

• Air compressors were the original free-piston load devices but are not necessarily better 

suited for this purpose than the other two. The variable stroke of the free-piston engine 

may lead to poor volumetric efficiency of the air compressor when operating at varying load 

levels. If operating with atmospheric inlet pressure, a large compressor cylinder is needed 

and results in a large and heavy construction. One advantage is that a stepped compressor 

piston can be applied, giving a compact multi-stage compressor. The load profile of an air 

compressor is like that of a gas filled bounce chamber in the compression phase and with an 

approximately constant load force when the discharge valves are open towards the end of the 

stroke. 

The typicalload characteristics of free-piston engine loads are illustrated in Figure 2.8. 

2.1.3.6 Simplicity of the concept 

The simplicity of the free-piston engine compared to conventional technology is one of the driving 

forces behind many of the recent free-piston engine developments. The elimination ,of the crank 

mechanism reduces the number of parts and the complexity of a free-piston engine significantly 

and this potentially gives a number of advantages. 

• Low frictional losses. Fewer moving parts in the free-piston engine give reduced frictional 

losses. The'absence of a crankshaft eliminates losses due to bearings in the crank system, and 

the purely linear motion leads to very low side loads on the piston. This also reduces the 

cylinder lubrication requirements. Figure 2.9 illustrates the sources of frictional losses in a 

conventional engine which will not be present in the free-piston engine. 

• Reduced manufacturing costs. The reduced number of complex load bearing parts in the 

free-piston engine results in lower manufacturing costs. 
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Figure 2.8: Characteristics of free-piston engine load devices [3]. 
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Figure 2.9: Sources of frictional losses in conventional internal combustion engines . 

• Compactness. With a reduced number of parts, the size and weight of the free-piston engine 

compared to an equivalent conventional engine can be reduced, giving a more compact unit. 

• Low maintenance costs and increased lifetime. The reduced number of load bearing and 

heavily stressed parts and the lower frictional losses reduce the maintenance costs of the free

piston engine. 
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• Engine design. The construction of the engine and the piston layout in a multi-cylinder engine 

are not constrained by a need for mechanical connection of the pistons to a crankshaft. The 

cylinders can be arranged in any configuration appropriate for a given purpose. 

2.1.3.7 The combustion process 

Some reports have indicated that the combustion in free-piston engines benefits from the high 

piston speed around TDC. This leads to higher air velocity and turbulence level in the cylinder, 

which benefit air-fuel mixing and increase the reaction rate and flame speed. The high piston 

acceleration just after TOC leads to a rapid expansion, and time-dependent chemical reactions, 

such as NOz formation, are potentially reduced. 

Achten et al. [2] presented experimental results showing significantly faster combustion in the 

Innas Free-Piston Engine compared to conventional engines. Values for ignition delay were found 

to be comparable to those found in conventional engines. Tikkanen et al. [96] presented similar 

experimental results, and both groups indicated that combust~on takes place predominantly in the 

premixed phase. Fleming and Bayer [39] also reported faster combustion and described how the-
I • 

oretical thermodynamic analysis of the engine processes had to be changed to achieve good agree-

ment with experimental data, however this was partly due to long ignition delays. Baruah [13] 

reported significant advantages in emissions for a spark ignited free-piston engine over crankshaft 

engines, particularly for nitrogen oxides. 

As a result of the particular operating characteristics, the in-cylinder heat transfer will also differ 

between the free-piston engine and conventional engines. The rapid power stroke expansion gives 

less time available for heat transfer from the hot gases to the cylinder wall, but increased in-cylinder 

gas motion may have the opposite effect and increase the heat transfer rate. However, Uludogan 

et al. [100] investigated the effects of increased engine speed on the combustion in a DI diesel 

engine and found that the advantages of increased fuel-air mixing far outweigh the disadvantages 

associated with increased heat transfer. R. Huber, an authority on free-piston engine development 

in the mid-20th century, stated in the discussion section of McMullen and Payne [71] that the heat 

losses from the cylinder to the cooling water and piston cooling oil are only 18 % of the fuel heating 

value in the SIGMA GS-34 free-piston engine, compared to 25 % in conventional diesel engines. 

Huber relates this to two .factors: the reduced cylinder area in an opposed piston free-piston engine 

compared to a conventional engine and the high acceleration of the pistons reducing the time the 

cylinder walls are exposed to the hot gases. 

A particular feature of the free-piston engine is the ability of the combustion process to influence 

the speed of the expansion, due to the direct coupling of the combustion cylinder to the low-inertia 

moving member. A rapid combustion process and pressure rise may lead to a faster expansion and 

vice versa. In a conventional engine, the inertia of the crank system and flywheel ensures that the 
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speed of the engine stays constant in the time frame of the combustion process. This intricate cou

pling between thermodynamics and mechanics makes detailed modelling of the free-piston engine 

complex, and models developed for conventional engines are therefore not necessarily suitable for 

modelling free-piston engine processes. 

Combustion optimisation and multi-fuel operation The variable compression ratio in the free

piston engine may allow an optimisation of the combustion process not achievable in conventional 

engines. Given that a sufficiently accurate piston motion control system can be realised, the com

pression ratio can be regulated during operation to achieve best possible performance for all op

erating conditions. Tikkanen and Vilenius [97] described the varying of the compression ratio at 

different loads, with nominal compression ratio varying from 15:1 at full load to 30:1 at lower 

loads. Free-piston engines with comp~ssion ratios as high as 50:1 were reported in the mid-20th 

century [6]. 

The design of the free-piston engine makes it well suited for multi-fuel operation. The variable 

compression ratio combined with modem engine technology, such as variable fuel injection and 

valve timing, enable the free-piston engine to run satisfactorily on a wide range of fuels. Flynn [61] 

reported the successful operation of a free-piston engine on a range of different fuels, including 

gasoline, diesel fuel and crude oil, and stated that lilt seems that these engines do not care whether 

they get fuel with octane or cetane numbers ". He further stated that the engine runs satisfactorily 

on vegetable and animal oils, with the only noticeable effect being the engine power output varying 

according to the heat content of the fuel. The same conclusion has also been reached by other 

authors [79]. 

Homogeneous charge compression ignition Homogeneous charge compression ignition (HCCI) 

engines compress a premixed charge until it self-ignites, resulting in very rapid combustion but 

with poor control of ignition timing. The Heel concept is under widespread investigation due 

to its potential to lower engine emissions and increase efficiency. The free-piston engine is well 

suited for Heel operation since the requirements for accurate ignition timing control are lower 

than in conventional engines. Potential advantages of Heel include high efficiencies due to close to 

constant volume combustion and the possibility to bum lean mixtures to reduce gas temperatures 

and thereby some types of emissions. Heel operation of free-piston engines has been studied 

experimentally by among others Aichlmayr [3] and van Blarigan [17]. 

A quasi-Heel approach was mentioned by Hibi and Ito [52]. In the engine described, diesel 

fuel is injected very early in the compression process but after the intake and exhaust ports have 

closed. The fuel does not ignite at injection because the temperature and pressure are too low, 

but distributes more or less evenly within the cylinder and self-ignites when the pressure and 
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temperature reach higher values. Ignition occurs at multiple points around the cylinder and the 

burning fuel spray with high local temperatures is avoided. Computational investigations into the 

same concept were presented by Kleemann [64] and Fredriksson [40]. 

2.1.3.8 Balancing 

The inherent vibration-free design was an often reported advantage of the early opposed piston 

air compressors and gas generators. These engines, from the earliest air compressor designs in the 

1930s to the gas generators developed during 1945-1960, all had mechanical linkages synchronis

ing piston motion. In the first presentation of the Junkers free-piston air compressor at the Leipzig 

fair in 1936, the excellent dynamic characteristics of the engines were demonstrated by suspending 

the compressors from the ceiling in a single steel cable and balancing pencils on the engine hous

ing while running [3]. Underwood [101] stated that the smoothness of the General Motors GMR 

4-4 'Hyprex' gas generator was "frequently demonstrated by balancing a nickel on a horizontal 

machine surface". 

The excellent dynamic properties of the opposed piston free-piston engine are well documented, 

and give a significant amount of freedom in the mounting of the engine. This also lowers the re

quirements of engine auxiliaries to withstand vibrations and may also allow a weaker structure to 

be used, reducing engine weight. 

For the single piston and dual piston engine, however, balancing issues need to be addressed 

when mounting the engine. Vibrations may be cancelled out by running two or more engines in 

parallel, but this requires accurate control of engine speed. Another possibility is to apply coun

terweights, as demonstrated by Braun [22]. Disadvantages of counterweights are a more complex 

design, increased engine size and weight and additional friction losses. Achten [1] stated that for 

the 17 k W hydraulic free-piston engine considered in his paper, vibrations can be isolated by suit

able mounting of the engine and that the acceleration forces will have about the same magnitude 

as in conventional engines. 

2.1.3.9 Mechanical requirements 

The mechanical requirements for the free-piston engine may be high, particularly if operating at 

high compression ratios and high pressures. High pressure gradients, resulting from high fuel 

bum rate, lead to high forces and accelerations and increased material stress in the free-piston 

engine. Although crankshaft bearing loads, as known from conventional engines, are eliminated 

in the free-piston engine, such high pressure gradients may set high requirements on the material 

properties of the piston and piston rings. High accelerations may also increase the demands on the 

load and rebound devices. 
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Flynn [61] described the testing of a free-piston engine, and reported that the major problems 

are mechanical wear and damage, mainly due to high temperatures and pressures. Flynn further 

described how many repairs and replacement parts were needed during engine testing. Toth-Nagy 

[98] reported very high failure rates in a diesel free-piston engine prototype. High pressure forces 

caused failures in components including pistons and load shafts, whereas engine vibration caused 

failures in injectors, fuel lines, position sensor etc. 

Due to the variable stroke of the free-piston engine, high peak pressures may be also be experi

enced during transient operation or from operation of the engine at too high compression ratios. 

2.2 'Reported free-piston engine applications 

Since the free-piston engine was first presented circa 1930 a number of different designs have been 

proposed using the free-piston concept. Although the majority of these have not seen commercial 

success, the current increase in research effort in the field of free-piston engines suggest that it may 

be a promising candidate for applications where rotating power output is not strictly necessary, 

. such as electric power generators and hydraulic pumps. 

This section gives an overview of reported free-piston engine developments, with an empha

sis on engines where experimental results or operational performance data have been reported. It 

should be noted that in addition to these, a high number of patents describing free-piston machin

ery exist, where the actual development of the engines has not been reported. 

2.2.1 Free-piston air compressors 

The original free-piston configuration proposed by Pescara was an air compressor, and free-piston 

air compressors proved to possess some very attractive features. Despite the large research efforts 

on the free-piston gas generator concept in the period 1940-1960, the air compressor is by many 

considered to be the only really successful free-piston engine application. The free-piston air com

pressor concept saw some degree of commercial success, and the excellent performance of these 

machines was a strong contributor to the later significant research efforts put into the free-piston 

gas generator. 

These early free-piston engines had perfect dynamic balance, a feature that was frequently demon

strated, due to the opposed piston configuration with mechanical piston synchronisation. A further 

unique feature of the oppose~ piston air compressors was the nearly constant operating speed, in

dependent of load. Speed variations of 1 Hz for the Pescara-Muntz engine [37] and 0.4 Hz for the 

Junkers engine [67] were reported. London and Oppenheim [67] attribute this to the mass-spring 

behaviour of the system. 
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The most significant advantage of the air compressor was, however, what is now considered 

one of the main challenges with the free-piston concept, namely piston motion control. The earliest 

free-piston air compressors were reported to have been essentially self-regulating in terms of com

pression ratio and TDC control. The reason for this is the interaction between the bounce chamber' 

and the compressor cylinders. Considering a free-piston air compressor such as the one shown in . 
Figure 2.10. 

Combustion cylinder Compressor cylinder Bounce chamber 

Figure 2.10: Free-piston air compressor. 

As the combustion cylinder piston moves towards BOC, compression energy for the next cycle 

will be stored in the bounce chamber, and the amount of energy stored will vary with the stroke 

length. However, the compressed air left in the compressor cylinder clearance volume after dis

charge will also contribute to the returning of the piston, and as the stroke varies the amount of air 

left in the compressor varies. These two sources of compression energy will have different charac

teristics: an increase in stroke length will store more energy in the bounce chamber due to higher 

compression, but less in the compressor cylinders due to more air being discharged, and vice versa. 

This is illustrated in Figure 2.11. 

Farmer [37) described how the amount of compression energy can be made practically constant 

and independent of stroke length by matching the design of the bounce chamber to the character

istics of the compressor. 

The piston motion of the free-piston air compressor differs significantly to that of conventional 

engines. Since the load force from the air compressor is very low at the beginning of the power 

expansion stroke, the piston acceleration just after TOC is very high. Farmer [37) stated that this 

reduces the time available for the hot gases to lose heat to the cylinder walls. Farmer also described 

how the piston speed in the compression stroke is lower than in the expansion stroke. The compres

sion stroke for the combustion cylinder is the intake stroke for the air compressor and the lower 

speed leads to increased volumetric efficiency of the compressor intake. Farmer further showed 

that the piston speed in the compression stroke in a free-piston engine is significantly lower than 

that of a comparable crankshaft engine. 
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Figure 2.11: The available compression energy in a free-piston air compressor. 

The question of. why the free-piston air compressor did not gain more widespread success is a 

difficult one. No reports of serious deficiency or flaws in the concept have been found, except 

that the free-piston air compressor had a narrow output range. Most reports are, however, of the 

opposite opinion, such as McMullen and Payne [71] who state that the free-piston air compressor 

has proved "reliable and efficient under all conditions of service". 

Beachley and Fronczak [14] evaluated the same question and presented some possible factors, 

including that (a) stationary installations tended to use cheaper electric motors to drive compres

sors, (b) demands for varying power output disfavoured the free-piston air compressor for portable 

applications, and (c) low fuel prices and a limited market for such applications discouraged the de

velopment of such an unconventional design. 

2.2.1.1 Junkers 

The Junkers free-piston air compressor was one of the earliest successful free-piston engine appli

cations and Junkers had already started development work when Pescara presented his earliest 

work. The Junkers air compressor was first exhibited in 1936 and was used by the German Navy 

during World War 2 to provide compressed air for launching torpedoes. After the war, US company 

Worthington continued development on the Junkers model with only minor design changes [99]. 

The Worthington-Junkers air compressor was a four-stage, opposed piston engine, illustrated 

in Figure 2.12. It should be noted that air passages, air-coolers between stages and piston synchro-
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nisation mechanism are not shown, and that the third and fourth stage compressors were nested 

within the first and second stage ones to make the engine more compact than the figure indicates. 

The main engine design data are listed in Table 2.1. The engine had no rebound device, as the com

pressed air left in the clearance volumes in the compressor cylinders provided the work to drive 

the next compression. This was possible because the compressor had close to constant delivery and 

the fuel pump was set to deliver a fixed amount of fuel. When the delivery pressure reached the 

required level, the fuel pump would trip and the engine stop [37]. 

A mechanical synchronisation mechanism ensured vibration-free operation, and the engine im

balance was reported to be small enough to allow the use of a lightweight and low-friction mecha

nism. Starting was carried out using compressed air, by manually moving the pistons to its outer 

positions, pressurising the compressor cylinders and then releasing the pistons. London and Op

penheim [67] reported that a compression ratio of 40:1 was achieved with this method, virtually 

ensuring combustion and unproblematic starting. 

Toutant [99] reported that the unit occupied about 50 % of the space required by a conventional 

electrically driven compressor and that this, together with low fuel consumption, gave the unit 

great advantages in submarine installations. 

4th stage 

Figure 2.12: Principle configuration of the Junkers free-piston air compressor [99]. 

Capacity (atmospheric air) 0.0333m3 /s 
Discharge pressure 20.3MPa 

Operating frequency 880 rpm 
Indicated engine power 65hp (48kW) 

Cylinder bore 0.115m 
Stroke (full load I light load) 0.217 m/0.198 m 

No. of compressor stages 4 
Pressure ratio per stage 3.75 

Mass of each piston 29.7kg 
Unit shipping weight 567 kg 

Table 2.1: Junkers air compressor specifications [67]. 
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2.2.1.2 Pescara 

Farmer [37] described an opposed piston, single-stage air compressor based on Pescara's work. 

Unlike the contemporary Junkers engine it had variable output, ranging from 1.04 to 3.46 kg/min at 

a delivery pressure of 690 kPa, with an indicated full-load power output of 37.2 hp (28 kW). Farmer 

stated that the fuel consumption of the unit was comparable to conventional technology. A speed 

range from no load to full load of 1000 to 940 cycles per minute was reported, and the variable 

output was achieved through changes in the stroke length. Although the variable stroke length led 

to a reduction in compressor volumetric efficiency, Farmer noted that this did not have a significant 

influence on overall engine fuel efficiency. 

Figure 2.13: Principle configuration of the Pescara free-piston air compressor [37]. (Note that the 
piston synchronisation mechanism is not shown.) 

Figure 2.13 shows the principal configuration of the Pescara free-piston air compressor. It can 

be seen that the engine was asymmetric, having the bounce chamber coupled to one piston and 

a combined compressor piston and scavenge pump coupled to the other. A mechanical linkage 

(not shown in the figure) was used to synchronise the pistons, and engine accessories, such as fuel 

injection pump and lubrication oil pump, were driven by shafts connected to the synchronisation 

mechanism. 

This free-piston air compressor design was the basis for the later Pescara-Muntz P-42 air com

pressor [3]. Pescara also proposed a three stage free-piston engine air compressor with design 

similarities to the Pescara-Muntz engine [83]. 

2.2.1.3 Braun linear engine 

Braun and Schweitzer [22] presented a single piston free-piston engine, patented by Braun [21]. 

The load device in the engine was an air compressor but the authors state that any suitable lin

ear load may be applied. The engine operates on a crankcase-scavenged spark ignited cycle and 

counterweights are applied to make the engine completely balanced. Reported engine design and 
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performance data are listed in Table 2.2. A compression ignition version of the engine was reported 

to have been operated successfully. 

Extensive engine testing with favourable results was reported, among this 15,000 hours of op

eration without breakdown and 40,000 consecutive starts without failure. The authors stated that 

superior fuel economy was possible due to the on/off control of the compressor, where conven

tional engine-compressor sets would run idle. A comparison with other air compressors, including 

the Pescara-Muntz free-piston air compressor, was also presented, showing significant space and 

weight benefits for the Braun engine. 

Nominal stroke 0.127m 
Bore 0.114m 

Operating frequency 1350 rpm 
Compressor cylinder bore 0.191 m 

Power output 22hp (16kW) 
Corresponding mep 552kPa 

Delivery (atmospheric air) 2.41 m' /min 
Discharge pressure (gauge) 689kPa 
Fuel consumption (gasoline) 5.0 kg/h 

Table 2.2: Braun linear engine specifications [22]. 

2.2.2 Free-piston gas generators 

During the period 1945-1960, much attention was given to the free-piston gas generator as an al

ternative for power generation in a number of applications. Both General Motors and Ford Motor 

Company had working prototypes aimed for vehicle propulsion and larger free-piston gas gen

erators were installed in a number of stationary and marine powerplants. Much experience of 

free-piston operation and performance was reported over this period. 

These free-piston gas generators were based on the free-piston compressors which at this time 

had proved favourable performance. They were all opposed piston, diesel powered engines with 

mechanical synchronisation of the two pistons. The synchronisation mechanism would, in addi

tion to making the engines vibration-free, also drive the accessories such as fuel injection pump, 

oil pump and water pump. The starting of the engines was carried out in a similar way to the 

free-piston air compressors with a rapid introduction of compressed air into the bounce chamber. 

The free-piston gas generators showed some attractive features compared to present-time con

ventional crankshaft engines and gas turbines. Most important features were the ability to bum 

low-quality fuel, operate free of vibration and have good dynamic response. London and Op

penheim [67] stated that the fuel economy of the free-piston gas generator was competitive with 

conventional diesel engines and 80-100 % better than conventional gas turbine plants for the size 
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investigated. The power density of the units was poorer than the high power to weight ratio of the 

gas turbine but better than the low power to weight ratio of the conventional diesel engine. 

McMullen and Ramsey [72] claimed that the efficiency advantages of the free-piston gas gener

ators compared to conventional gas turbines were due to the higher compression pressures. They 

stated that free-piston engines could achieve an end-of-compression pressure of 100 times the at

mospheric pressure, whereas in the simple type gas turbine this value was limited to around 6. 

However, it was noted that as material quality increased, complex gas turbine plants with inter

cooling, regeneration and multiple stages would approach the perfonnance of the free-piston gas 

generator. 

Despite being highly supercharged, these engines had no cooling of the intake air. McMullen and 

Payne [71] pointed at the possibility of improved perfonnance with intercooling or a higher level of 

supercharging and stated that higher pressures can be allowed in the free-piston engine due to the 

absence of bearings. It is, however, evident from a number of reports that the limiting factor was the 

engine material properties in components such as piston and piston ring, and the gas generators 

were already running with higher pressures than those allowed in conventional diesel engines. 

London and Oppenheim [67] stated that the indicated mean effective pressure in the SIGMA G5-

34 would be difficult to achieve in a conventional engine. In addition, the gas generator engines 

commonly ran with high excess air ratios and the advantages with cooling of the inlet air would 

therefore be limited. 

Due to the high excess air ratio, the possibility of applying afterbuming in these machines was 

discussed by several authors, including Huber [55]. Theoretical analyses revealed that a consid

erable power increase could be achieved but no reports describe afterbuming being applied in 

practice. 

A particular feature of the free-piston gas generators that gave these engines a further advantage 

over conventional gas turbines, was the reduced temperature of the gas supplied to the power tur

bine. This was a result of the work required to compress the inlet air already being extracted from 

the gas when fed to the turbine. This allowed the free-piston unit to be placed further away from 

the power turbine without extensive heat transfer losses from the gas, a feature that was particu

larly attractive in automotive applications. 

McMullen and Payne [71] noted the wide range of applications in which the free-piston gas gen

erator could be applied, including electric power plants, pumping stations, locomotives, marine 

installations and truck engines. However, despite some well documented advantages against con

ventional technology, the free-piston gas generator never gained the necessary advantages to be-
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come a real competitor neither to the conventional diesel engine nor to the gas turbine. Some 

reasons for this were: 

• Higher levels of development effort were put in to both conventional diesel engines and gas 

turbine technology, giving rapid performance improvements. 

• Matching a pulsating-flow compressor with a narrow operating range to a continuous-flow 

turbine proved problematic, reducing part-load efficiency and limiting the gas generator to 

constant power applications. 

• High failure rates and low lifetime and availability are reported in some of the reported per

formance tests, related to high pressure and temperature operation. 

~ The engines did not provide large advantages in weight or fuel economy over conventional 

engines and could not compete with the power to weight ratio of the gas turbine. 

With the maturing of conventional gas turbine technology, development of the free-piston gas gen

erator was largely abandoned in the early 1960's [3,6;61]. 

2.2.2.1 SIGMA 

Together with the Junkers air compressor, the model GS-34 free-piston gas generator manufactured 

by Soci~t~ Industrielle Generale de Mecanique Appliqu~e (SIGMA) in France is widely regarded as 

one of the most successful free-piston engine ever made. SIGMA built a free-piston gas generator 

prototype in 1938 and finished the development of the SIGMA GS-34 gas generator in 1944. The 

G5-34, illustrated in Figure 2.14, was based on Pescara's patents, which he at that point had sold, 

and Huber, the former leader of Pescara's technical staff, was heavily involved in the development 

of the SIGMA [3]. 

The G5-34 was aimed for large scale applications and had an output power of around 1000 kW. 

Table 2.3 shows design and performance data for the engine. Some plants used more engines in 

parallel supplying a single turbine, and Huber [55] reported that in October 1957,90 gas generators 

with a total running time of about 250000 hours were in commercial use and more units were on 

order. The engines were used in various installations such as stationary plants, the largest one 

being the Cherbourg power plant conSisting of 8 gas generators feeding one turbine and giving 

6000kW electric power output. Huber also reported that a similar powerplant six times the size 

of the Cherbourg plant was on order at the time of writing. As marine powerplants, free-piston 

gas generators were installed in 21 minesweepers of the French Navy. Huber reported favourable 

results with excellent vessel manoeuvrability with gas generator compared to conventional diesel 

engine propulsion. Other marine installations are also mentioned, in addition to other applications 

such as locomotives and the powering of pumps and compressors. 
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Flynn [61] described some experiences from testing of the GS-34 engine. The perfect dynamic 

balance was noted, along with the fact that the free-piston gas generators were efficient machines. 

However, many problems during the performance test runs were reported, including cylinder 

wear, piston ring wear and breakage, high oil consumption, oil leakage and airbox (intake man

ifold) fires due to the oil leakage. When General Motors later developed the GM-14 gas generator 

based on the GS-34, Flynn reported that "Several hundred engineering changes were incorporated 

[ ... ]" . 

i Exhaust flow to turbine 

Figure 2.14: Simplified illustration of the SIGMA GS-34 free-piston gas generator [67]. 

Power output 1138 hp (849 kW) 
Weight (approx.) 8000 kg 

Speed 613rpm 
Cylinder bore O.34m 

Bounce chamber bore O.90m 
Stroke O.44m 

Compressor pressure ratio 5.42 
Engine compression ratio 8.5 

Piston mass 503 kg 
Overall thermal efficiency 34.6% 

Table 2.3: SIGMA G5-34 design and performance [67J. 

2.2.2.2 General Motors 

General Motors (GM) gained interest in the free-piston engine concept after testing a number of 

free-piston engines including the SIGMA GS-34 gas generator in the mid-1950's. This ultimately 

led to the development of two free-piston engines, the GM-14 and the GMR 4-4 'Hyprex'. 

The GM-14 was based on the SIGMA GS-34 and Flynn [61] reported that significant design im

provements were made in the new engine, based on extensive testing of the SIGMA engine which at 

this time had reached some degree of commercial success in Europe. (London and Oppenheim [67] 

reported in 1952 that SIGMA 'has reached a state of commercial exploitation'.) 
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A marine powerplant based on six GM-14 units was installed in GTS William Patterson, a 

United States Maritime Administration vessel, in the late 1950's but with disappointing results. 

Specht [91J evaluated the powerplant and reported a number of problems during the test period 

but also explains how some of them were addressed. Reported problems included air pulsation 

and noise in the machinery room, piston ring breakage, difficulties in matching the gas generators 

with the turbines and higher maintenance costs. Reported advantages of the powerplant included 

allowing high manoeuvrability of the vessel, the possibility of rapid changes in the power level, 

easy maintenance of the units with low impact on vessel operation, and high operational flexibility 

with 6 gas generators and 2 turbines. The fuel economy was reported to have been comparable 

to that of conventional technology. Specht concluded that the gas generator plant was unsuitable 

for scaling up due to the necessary increase in number of units, increasing labour costs for mainte

nance and operation, compared with existing gas turbine plants. 

The GMR 4-4 'Hyprex' was a dual ('siamesed') opposed piston, diesel powered free-piston en

gine aimed for automotive applications, with a power output of around 185 kW at 2400 rpm. Un

derwood [101J listed the reasons for the chosen siamesed design, among others a more compact 

unit and reduced pressure oscillations at the turbine inlet. The engine was installed in a car, the 

XP-SOO, for testing, making this the first car in the world to be powered by a free-piston engine. 

Despite optimistic reports from the GM engineers, the Hyprex did not provide manufacture and 

operational benefits following improvements in conventional engine technology and was therefore 

abandoned [6]. 

Flynn [61] observed that the part load efficiency of the earliest free-piston gas generators was 

poor, due to problems matching the free-piston engine with a conventional turbine over the full 

operating range. This led to the need for a bypass valve to dump gas at low loads, with obvious 

heavy penalties in the fuel efficiency. GM solved this problem by introducing a bypass valve be

tween the intake manifold and the air inlet. Using this, the engine could run on lower speeds and 

compression ratios at part-load and the gas output matched the turbine requirements for the full 

load range. Amann [6] reported that by using this method the idle fuel consumption dropped from 

25 % of the full-load fuel flow rate, down to 8 %. 

2.2.2.3 Ford 

Like General Motors, Ford saw a potential for the free-piston gas generator in automotive appli

cations in the mid-1950's. Frey et a1. [42] described the potential advantage of mounting the gas 

generator in the front of the vehicle and the power turbine in the rear, thereby eliminating the 

drive tunnel and achieving better weight distribution. (The same was mentioned by Underwood 

of General Motors [lOl].) 
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Frey et a1. [42] also developed analytical models in the design of a free-piston gas generator 

and they described the development of a 150 hp (112 kW), 2400 rpm unit. They reported initial de

velopment difficulties regarding starting, piston rings breakage, injection pump failures and poor 

combustion, but described how most of these were addressed by improvements in the design. The 

authors further described that since the fuel pump was driven by the piston assembly, a delay 

had to be implemented in the fuel injection system. This was due to the low piston kinetic energy 

around TDC, making it unsuitable to drive the fuel pump by the piston. (The problems associated 

with fuel injection in free-piston engines were discussed by a number of other authors, including 

General Motors researchers [39]). 

Noren and Erwin [79] described the development of the Ford model 519 free-piston powerplant 

and its implementation in a farm tractor. The authors stated that for this application the free-piston 

powerplant was more compact, has lower weight and provides more freedom in the mounting of 

the engine than a comparable conventional diesel engine. Based on results from the test vehicle they 

reported superior torque characteristics for the free-piston gas generator unit, illustrated in Figure 

2.15. As the conventional engine torque will decrease as the speed is reduced and the engine finally 

stalls or a gear shift has to be made, the torque from the free-piston unit increases at lower speeds. 

Further reported advantages of the free-piston unit include vibration free operation and low noise. 
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Figure 2.15: Torque characteristics of the free-piston powerplant compared to those of a conven
tional engine [79]. 

2.2.2.4 Kvzmer 

In a more recent approach, the Norwegian company Kvremer ASA and the Norwegian University 

of Science and Technology (NTNU) designed an 8-cylinder, 8 MW free-piston gas generator [59]. 

The engine was a single-piston gas generator, illustrated in Figure 2.16 and with design data as 
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listed in Table 2.4. Experimental results from a one-cylinder test engine were reported. The intake 

air was highly supercharged through a turbocharger, an intercooler and a charge air compression 

chamber, and power output was taken entirely from an exhaust turbine. A thermal efficiency of 

around 50 % was reported. 

The developers derived a control strategy for piston motion control, controlling TOC, BOC and 

synchronisation of the cylinders, along with supervisory control objectives of load and combus

tion optimisation, through the varying of the fuel mass flow and the amount of air in the bounce 

chamber. Simulation results were presented showing the feasibility of the control approach [60]. 

This engine is the only reported modern attempt of building a free-piston gas generator. How

ever, through personal communication with the developers, the author has learnt that the project 

was terminated before the engine was fully developed, and further information on the operation 

and performance of the engine is therefore not available [58]. The reasons for this are not known. 

Power output 1000kW 
Speed 1800 rpm 

Cylinder bore 0.180m 
Bounce chamber bore 0.180m 

Stroke 0.189m 
Piston mass 100 kg 

Overall thermal efficiency 50% 

Table 2.4: Numerical values for Kvcerner KLC test engine [59]. 

Diesel common rail 

Charge air compression chamber 

Figure 2.16: Kvrerner KLC free-piston gas generator [59]. 
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2.2.2.5 Other reports 

Baldwin-lima-Hamilton In 1943, Baldwin-Lima-Hamilton (BLH) started the development of a 

large-scale free-piston gas generator for the United States Navy, aimed for marine propulsion [3]. 

Requirements for the unit were high specific output, low weight, high efficiency and high reliability. 

A model was also designed for use in locomotives and performance superior to that of the SIGMA 

G5-34 was reported [71]. 

The BLH unit consisted of two outward compressing gas generators feeding one turbine with 

a reduction gear. The operation of the two gas generators was synchronised to reduce pressure 

pulsations and the unit could operate with only one gas generator if the load requirements were 

low. McMullen and Payne [71] stated that the BLH unit was intended to work under "extreme 

temperature and pressure conditions" to maximise engine performance. 

Cooper-Bessemer McMullen and Ramsey [72] presented results from a free-piston gas generator 

test engine developed by Cooper-Bessemer, but state that most of the engine information and find

ings are of confidential nature. The test engine was reported to have developed 1750 hp (1305 k W) 

running at 555 rpm with an achieved thermal efficiency of 45 per cent. Very simple and fast starting 

of the machine was reported, using a simple push-button to achieve running conditions almost 

instantly. 

McMullen and Ramsey further reviewed the feasibility of the free-piston gas generator in a 

number of different applications, including stationary electric power plants, pipeline pumping 

units and marine propulsion powerplants. A number of potential advantages using free-piston 

gas generators in such applications were listed, including low costs, high reliability, high flexibility 

in both the mounting and the operation of the machinery, high thermal efficiency and vibration-free 

operation. McMullen and Ramsey also suggested the use of free-piston gas generators in pumping 

stations, claiming that the gas generator turbine is well suited for this purpose because it adapts 

well to centrifugal machinery. 

2.2.3 Hydraulic free-piston engines 

Many of the modem approaches in free-piston engine technology are hydraulic engines, in which 

the combustion piston is directly coupled to a hydraulic pump cylinder. A number of develop

ment projects are ongoing, both within academia and in industry. Most of these units are aimed at 

off-highway vehicles such as forklift trucks and earth-moving machinery and, consequently, most 

developments are of small size (typically 30-50 kW). Such vehicles typically have high hydraulic 

loads from vehicle accessories and propulsion, and they are commonly powered by a conventional 

diesel engine coupled to a hydraulic pump. 
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Hydraulic free-piston engines may apply a hydraulically driven rebound device, using part of 

the produced hydraulic energy to return the piston, or a bounce chamber. A number of proto

types have been developed in recent years and experimental results from these are currently being 

reported. The reports show generally good fuel economy and very good performance at part load. 

2.2.3.1 Toyohashi University 

Researchers at Toyohashi University of Technology in Japan have been doing research in the field 

of hydraulic free-piston engines for more than 20 years. They have reported experimental results 

from both single piston [53] and opposed piston [52] diesel powered free-piston engines. 

The latter is the latest published work, with reported engine hydraulic thermal efficiency of 

31 %4. The authors stated that this value stays practically constant even with very low hydraulic 

power output. The fuel injection is hydraulically actuated and the fuel is injected very early in 

the compression process to achieve a combustion process similar to that of a homogeneous charge 

compression ignition engine. 

Hibi and Ito [52] further presented an alternative piston synchronisation method for the op

posed piston engine, eliminating the traditional mechanical linkage. The pistons in the hydraulic 

free-piston engine are synchronised by using a combination of the electronically controlled hy

draulic rebound device and a mechanical spring. A small synchronisation error is reported, but 

this is not sufficiently large to affect the performance of the engine. 

2.2.3.2 Technische UniversWit Dresden 

The German university Technische Universitat Dresden, Bosch Rexroth AG and Brefa GmbH have 

developed a hydraulic free-piston engine with a patented hydraulic control system [23,24], illus

trated in Figure 2.17. The unit is a single piston engine coupled to a hydraulic cylinder, where the 

hydraulic system acts as both load device and rebound device, along with providing engine con

trol. The engine is controlled with simple on/off control and relies on energy storage units in the 

hydraulic system to smooth engine operation. The developers present the implementation of the 

engine in a hydraulic circuit and report a hydraulic efficiency of above 30 %. 

2.2.3.3 Innas 

The Dutch company Innas BV is among the research leaders within free-piston engine technology 

today, and has developed a single piston, diesel powered, hydraulic free-piston engine, shown 

in Figure 2.18 [2]. The unit is intended as an alternative to conventional engine and hydraulic 

pump systems in off-highway vehicles and the implementation of the engine in a fork lift truck was 

4For comparison, consider a conventional diesel engine with fuel efficiency of 40 % coupled to a hydraulic pump with 
efficiency 85 %. The total ('hydraulic thermal') efficiency for this system would be 34 %. 
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LP HP 

Figure 2.17: Illustration of the hydraulic free-piston engine developed at TV Dresden. Note that 
the hydraulic circuit is simplified. 

(a) The working principle of the Innas Free-Piston En
gine. 

(b) Photograph of the engine. 

Figure 2.18: The Innas Free-Piston Engine. (Reprinted with the p rmission of Jnnas BV.) 

described [102]. The developers claim that reduced exhaust emissions and lower fuel consumption 

can be achieved due to a mechanically less complex design and high op rational flexibility. An 

electronic control system is implemented and the engine uses pulse pause modulation frequency 

control. 

The engine has a nominal speed of 42 Hz and a 17 kW power output, and indicated efficiencies 

of around 50 % are reported [90] . The working principle of the engine is shown in Figure 2.18a. 

Fuel consumption is reported to be around 20 % lower than a conv ntional engine-pump unit and 

at low loads even 50 % lower [2]. 

As documentation of engine design and performance exists for the Jnnas Free-Piston Engine, a 

comparison with conventional engines can be mad. Table 2.5 lists the r ported specifications of 

the Innas Free-Piston Engine and those of two conventional diesel engines in the same power range, 

the John Deere model3009D [33] and the Perkins 403C-07 [69]. It should be noted that listed speci

fications for the two conventional engines are for the combustion engines only, without a hydraulic 

pump, whereas for the Innas Free-Piston Engine they are for the complete engine-pump unit. 
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Innas Free-Piston Engine John Deere 3009D Perkins 403C-07 
Power output 17kW 14.2kW 15.3kW 
Engine height 0.35m O.71m 0.56m 
Engine length 0.82m 0.64m 0.44m 
Engine width 0.30m 0.53m 0.35m 
D~weight 90 kg 120 kg 76 kg 
Aspiration Natural Natural Natural 

No. of cylinders 1 3 3 
Operation 2-stroke 4-stroke 4-stroke 

Bore HOmm 72mm 67mm 
Nominal stroke 120-125mm 72mm 72mm 
Displacement 1.188dm;:\ 0.879dm.1 0.762dm;:\ 

Operating frequency 42Hz 50Hz 60Hz 
Mean piston speed 1O.5m/s 7.2m/s 8.6m/s 

NOx emissions 6g/kWh - -
Indicated efficiency 51% - -

Table 2.5: Innas Free-Piston Engine specifications [2] compared to two conventional diesel engines. 
(The two latter without the hydraulic unit.) 

The two main factors of interest are power to weight ratio (and to some extent the volume of 

the units) and fuel efficiency. It can be seen that the free-piston engine compares favourably to 

the crankshaft engines in terms of power to weight ratio, and that the volume of the free-piston 

engine is lower than those of the conventional engines without a hydraulic pump. Typical values 

for indicated efficiency in diesel engines of this size lie between 40 and 45, %, as such, the free

piston engine appears to have a significant fuel efficiency advantage. The differences in indicated 

efficiency will be further enhanced by the lower frictional losses in the free-piston engine. 

The reported values of NOx emissions in the Innas Free-Piston Engine are comparable to what 

one would expect from conventional engines of the same size. 

2.2.3.4 Tampere University 

Tikkanen et al. [96] described the performance of a dual piston hydraulic free-piston engine pro

totype developed at Tampere University of Technology, Finland. A version of the engine with 

around 20kW power output was implemented in a mobile machine platform [94]., This group of 

researchers have also published work on engine design, including parametric studies of the effects 

of various engine parameters on engine operation [95], and engine control [97]. 

The engine, illustrated in Figure 2.19, is diesel powered, utilising a common rail injection system 

with electronic control. Starting is achieved using stored hydraulic energy, by driving the piston 

with the hydraulic cylinder until sufficient compression for fuel injection is achieved. 

Test results from a test engine were described by Tikkanen et al. [96], and showed a piston 

motion profile different to that of conventional engines and piston acceleration peak values of more 

than double those of comparable crankshaft engines. In comparison to conventional engine piston 
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motion, it was observed that the maximum piston velocity was lower for the free-piston engine. 

The authors further stated that the piston velocity is nearly constant for long periods of the stroke 

with fast speed reversals around the dead centres, benefitting the hydraulic pump circuit. The 

engine was reported to run asymmetrically due to the fuel injectors not delivering exactly equal 

amounts of fuel and to asymmetric hydraulic loads. The cycle-to-cycle variation in stroke length 

was reported to be ±1 %, giving a variation in compression pressure of around ±15 %. Variations 

in the combustion pressure of 77-88 bar were reported. 

The developers stated that the results from the initial tests were satisfactory as proof-of-concept 

for the hydraulic dual piston engine but that the control issues should be addressed. Total efficiency 

of 20 % was reported for the test engine. 

Figure 2.19: Illustration of the hydraulic free-piston engine developed at Tampere University of 
Technology [95]. 

22.3.5 Others 

Heintz [49] proposed a dual piston free-piston engine hydraulic pump and outlined the design 

strategy of such a unit through generalised equations. Other free-piston engine configurations 

were also briefly reviewed. Allowing the unit to move freely was suggested in order to cancel 

out vibrations and Heintz pointed out that this would not have been possible with a mechanically 

driven power output. It was stated that control of such a unit can be carried out in a "simple 

and efficient manner" and that starting represents the most challenging control issue. Heintz was 

also granted two patents on dual piston hydraulic engine solutions similar to that described in the 

paper [47,48]. 

Baruah [13] proposed a spark ignited hydraulic free-piston engine of the single piston type, 

aimed for vehicle propulsion. Detailed modelling of the engine was presented, along with sim

ulation results showing clear advantages for the free-piston engine over conventional engines re

garding nitrogen oxide emissions formation. No thermodynamic advantages were found and the 
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author listed a number of limitations for the free-piston concept, including a narrow speed range 

and operational control challenges. On these grounds, the feasibility of the hydraulic free-piston 

engine for use in vehicle propulsion was questioned. 

Beachley and Fronczak [14] presented the design of an opposed piston free-piston engine pump. 

The proposed design shares many features with that proposed by Hibi and Ito [52], including the 

frequency control system. A piston control system to secure operation if the engine misfires and to 

aid starting was also described, and the authors proposed future work to investigate the feasibility 

of the hydraulic free-piston engine. 

Galitello [62] presented a dual piston free-piston hydraulic pump. The proposed engine has 

two double-acting pumping pistons attached to the moving member, and a timing module was 

also described to allow computer control of various aspects of engine operation. 

Rittrnaster and Booth [87] presented a dual piston hydraulic free-piston engine for powering a 

hydraulic motor. The hydraulic system included a flywheel to dampen pulsations from the engine. 

The back sides of the combustion pistons were proposed as the hydraulic pumping pistons, and 

the design included a blower to provide scavenging air for the spark ignited engine. 

Bock [18] presented a dual piston hydraulic f~e-piston engine in which the pump cylinder is 

situated in the centre of the engine between the two combustion cylinders, and a pump piston fixed 

on the reciprocating rod between the combustion pistons divides the pump cylinder into a pair of 

pump cylinder chambers. 

2.2.4 Free-piston engine generators 

Another application of the free-piston concept that has received considerable attention in recent 

years is the free-piston engine generator, in which a free-piston engine is coupled to a linear elec

tric machine. Such technology is currently explored by a number of research groups worldwide 

and some prototype engines have been reported. The high flexibility and controllability of electric 

power systems and the high efficiencies of electrical machinery make this an interesting concept. 

A driving force behind the interest in free-piston engine generators is the automotive industry's 

recent research and development efforts within hybrid-electric vehicle (HEY) technology. Such 

technology is becoming commercially available from an increasing number of manufacturers and 

provides significant fuel consumption and vehicle emissions benefits. 

HEV's employ electric machinery and energy storage devices, which partly or fully separate 

the combustion engine from the mechanical drive chain. This reduces the load variations on the 

engine which allows it to work closer to its optimum operating conditions, resulting in increased 

fuel efficiency and reduced emissions. Eliminating the need for a wide load and speed range may 

allow greater optimisation of the engine design, further enhancing engine performance. 
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In the marine industry, the all-electric ship concept is based on many of the same principles 

as the hybrid electric vehicle, namely optimised engine operation and an efficient electric power 

distribution system and end drives. In a ship, such a system consists of a number of generator sets 

for power generation, and the propulsion and utilities, such as thrusters, pumps, ventilation and 

air conditioning, would be electrically driven. 

2.2.4.1 West Virginia University 

Researchers at University of West Virginia reported the development of a spark ignited dual piston 

engine-generator prototype, illustrated in Figure 2.20, and later also attempted to develop a similar 

compression ignition engine. This group of researchers have thoroughly documented their work 

and findings in a number of publications, concerning linear alternator design, design and operation 

of the combustion engine and analysis of the combined system [29-32,36]. The prototype gasoline 

engine is reported to have achieved 316 W electric power output at 23.1 Hz, with 36.5 mm bore 

and 50 mm maximum stroke [36]. High cycle-to-cycle variations are reported, in particular at low 

loads [31]. 

A 75 mm bore and 71 mm maximum stroke compression ignition engine was built but was re

ported to have problems running [98]. Toth-Nagy [98] related the problems to two factors: (a) the 

engine was built from gasoline engine components which were not dimensioned for the diesel en

gine application and (b) the engine vibration caused excessive fatigue load on the components. 

Together, these factors are reported to have caused catastrophic failure to a number of engine com

ponents. 

This group of researchers is the most successful within academia regarding free-piston engine 

generator research. It is one of very few that have reported the successful development of a running 

prototype. 

\ Spark plug 
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Figure 2.20: Illustration of the free-piston engine generator prototype developed at University of 
West Virginia [36]. 
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2.2.4.2 Sandia National Laboratories 

Van Blarigan et a1. [17] presented the design of a patented [16] dual piston free-piston engine gen

erator. The engine employs homogeneous charge compression ignition (Heel) and is aimed at 

operating on a variety of fuels. Applying HeCI operation gives faster combustion than that in SI 

or conventional CI engines, and allows the use of lean mixtures at high compression ratios, thereby 

reducing NOx emissions formation. Test results from a compression-expansion machine were pre

sented, showing close to constant volume combustion with high thermal efficiencies at fuel-air 

equivalence ratios of around 0.3. 

A numerical simulation model of the engine was presented by Goldsborough and Van Blarigan 

[43] and the same authors described detailed modelling of engine 'scavenging [44], investigating 

various port and valve configurations. It was found that achieving good scavenging together with 

the very low short-circuiting of the charge air that is required in pre-mixed engines is a challenge. 

2.2.4.3 Others 

University of Regina Researchers from University of Regina described the modelling and simu

lation of a patented hybrid engine solution [35,65,106]. Simulation results for both a single piston 

and a dual piston configuration were presented, both units employing two electrical machines 

which can be run as either motor or generator. In motoring mode, the electric machines will pro

vide the work needed for the compression process, and a computer control system was proposed 

to control various aspects of engine operation. The theoretical study was based on very simplified 

combustion modelling and predicts power outputs in the area of 700 W at around 50 Hz for the dual 

combustion chamber engine, with a bore of 30.5 mm and a stroke of 26.7 mm. The development of 

an engine prototype has not been reported. 

Pempek Systems Carter and Wechner [25] presented the design of a "Free Piston Power Pack", 

a unit consisting of four dual piston free-piston engines, intended for powering hybrid electric 

vehicles. Total power output was 100 kW, and proposed advantages of the engine are high power 

density, long life, dynamic balance and multi-fuel capability. 

Aerodyne Research Annen et al. [7] described a miniature internal combustion engine developed 

by Aerodyne Research, Inc. The unit is a single-cylinder free-piston engine with a linear alternator, 

giving an output power of 10 W. It uses a mechanical spring to return the piston and runs on glow

plug ignited propane. Other reported engine data are: 390 Hz operational speed, diameter 15 mm, 

length 45 mm, weight 15 g (data are for the complete unit). It was reported to work with only solid 

film lubrication, due to the low frictional losses. 
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University of Minnesota Aichlmayr [3] and Aichlmayr et a1. [4,5] studied the feasibility of minia-

ture homogeneous charge compression ignition (HCCI) free-piston engines. Design aspects for 

such engines were presented, along with a parametric study investigating the effects of various en

gine parameters on engine performance and the effects of the small scale. Aichlmayr [3] presented 

modelling of small-scale HCCI combustion, along with some experimental work. 

Engines in the size range of 10 W to 0.1 W were investigated and it was found that heat transfer 

becomes increasingly significant in small scales and sets a practical limitation to the minimum size 

of a small-scale engine. Chemical kinetics will also impose limitations in small, high-frequency 

engines. 

Patented applications 

lliev et a1. [56] presented a spark ignited dual piston free-piston engine generator. A lightweight 

electric machine translator was applied and the engine was intended to operate on low compression 

ratios and with high reciprocating speeds. 

Vallon [103] described a single piston free-piston engine generator. The proposed unit consists 

of a vertical cylinder in which the piston slides and a combustion chamber is situated in the bottom 

of the cylinder. Return of the piston is done by gravity and part of the piston consist of magnetic 

material generating electric current in coils situated on the cylinder wall. 

Deng and Deng [34] described a double-acting opposed piston free-piston engine, aimed for 

hybrid-electric vehicles. The engine resembles an opposed piston configuration, with the exception 

that the bounce chambers are replaced by firing cylinders, giving three combustion cylinders in 

total. Linear electric alternators are fixed on the connecting rods of the two moving pistons. 

Sagov [88] presented a free-piston pump, based on the same principles as free-piston engine 

generators but with reverse energy flow. The unit consists of a pumping piston coupled to a linear 

electric machine and a fixed mechanical spring. Energy is supplied to the electric machine, creating 

a reciprocating (bouncing) motion of the piston assembly. Pumping work can be extracted from the 

cylinder, like a conventional piston pump. 

2.3 Summary 

On evaluating the feasibility of the free-piston engine concept, Beachley and Fronczak [14] stated 

that " ... there is little doubt that the free-piston engine is a viable concept. Numerous free-piston 

engines have demonstrated reliable, efficient,long-life service". 

Still, a number of questions arise. Most importantly, can the free-piston engine provide advan

tages over modem conventional engines? Conventional internal combustion engine technology is 

highly developed and such engines have been in widespread use and continuously improved over 
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decades. Efficient mass production lines exist, meaning that such engines can be produces at a low 

cost. Although much of modem engine technology can be applied to the free-piston engine con

cept, there are areas that need addressing, such as finding linear load devices with a performance 

comparable to that of rotating ones. 

Furthermore, can an engine control system be realised to ensure steady operation and to opti

mise free-piston engine performance? It should be noted that the control systems implemented in 

the mid-20th century engines, although satisfactory for their purpose, merely had the objective of 

keeping the engines running. Modem engines have significantly higher control requirements for 

emissions and efficiency optimisation. 

On a more positive note, many of the challenges reported with the mid-20th century engines 

should be possible to address using modem engine technology and improved materials (in fact, 

many of the reported problems were partly or fully solved before the free-piston engine concept 

was abandoned). 

Recently proposed free-piston engines range from 10 W [7] to 8 MW [59] in size, suggesting that 

the free-piston concept is suitable for a wide size range. Hydraulic free-piston engines appear to 

be the most promising variant at the moment due to their superb controllability, with some de

velopments having reported favourable results compared to conventional technology. Free-piston 

engine generators are under investigation by a number of research groups worldwide, indicating 

their potential. The flexibility and controllability of electric machinery, along with increasing inter

est in technologies such as hybrid-electric vehicles and the all-electric ship concept, are incentives 

driving the development of free-piston engine generator technology, and the performance of such 

engines is expected to improve significantly in the future. 
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Chapter 3 

Engine design 

Along with the modest number of free-piston engine designs that have resulted in working proto

types, a high number of theoretical studies have been published on the subject. Varying opinions 

exist regarding the feasibility of the different free-piston engine designs. 

This chapter proposes a design for a free-piston engine generator based on the background 

study presented in the previous chapter. The main design issues are discussed and a design strategy 

for the engine is suggested. 

3.1 Basic configuration 

An engine as shown in Figure 3.1 is proposed. The engine will consist of a combustion cylinder, 

a gas filled bounce chamber and a linear electric machine. The pistons of the combustion cylinder 

and the bounce chamber cylinder are rigidly connected and the translator of the electric machine is 

fixed on this connection, forming the single major moving part of the engine. The piston assembly 

is not connected to any external crank mechanism and its motion is therefore only influenced by 

gas forces from the cylinders, engine friction forces and the force from the electric machine. 

The engine will operate on a turbocharged, two-stroke direct injection cycle with electroni

cally controlled fuel injection, utilising modem common rail technology. Scavenging is provided 

through scavenging ports in the cylinder liner and electronically controlled exhaust poppet valves 

in the cylinder head, utilising uniflow scavenging for high scavenging efficiency. 

The bounce chamber will be a closed cylinder with pressure control valves to regulate the 

amount of gas trapped within it, and thereby the gas pressure force on the piston. Pressurised 

air will be provided from the turbocharger or an external source for this purpose, and the bounce 

chamber pressure control system will be able to vary the bounce chamber pressure from the avail

able supply pressure down to atmospheric pressure. 

The linear electrical machine is initially assumed to be of the moving magnet, permanent mag

net type. The design of the electric machine will be discussed in further detail below. 
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The free-piston engine generator is intended to be modular in the way that a number of such 

units can be operated in parallel to achieve power outputs required in large-scale applications. Op

eration of a number of cylinders with a common turbocharger would be pOSSible, and a computer 

control system is to optimise the operation of each unit and synchronise the motion of the pistons 

in each unit to reduce or cancel out vibrations. 

Figure 3.1: Single piston free-piston engine generator. 

Figure 3.1 shows the principle engine design, with 

CD Exhaust poppet valves 

@ Scavenging ports 

® Common rail fuel supply 

® Linear alternator 

® Bounce chamber 

® Bounce chamber pressure control inlet and exhaust valves 

<V Turbocharger compressor 

® Turbocharger turbine 
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3.1.1 Justification 

Based on the discussion in Chapter 2, the design presented above was chosen as the most suitable 

for the free-piston engine generator. The single piston configuration was chosen due to its simplic

ity and advantages with regards to the control of the engine. With the controllable pressure in the 

bounce chamber, this design possesses an additional control variable compared to the dual piston 

design. While the dual piston design benefits from higher power to weight ratio and reduced fric

tionallosses, there is some uncertainty regarding the controllability of such engines. Achten [1] 

stated that high efficiency and low emissions can only be realised if the compression energy and 

injection timing can be accurately controlled, and further that the single piston engine is the only 

free-piston engine configuration for which control issues have been fully solved. 

If the performance of the proposed single piston engine and its controllability can be proved sat

isfactory, investigations into the replacement of the bounce chamber with a firing cylinder would 

be a natural extension of this work. The third alternative free-piston engine configuration, the op

posed piston design, is complex but has clear advantages regarding vibration, since the engine can 

be perfectly balanced by design. However, there is some uncertainty with this design, including the 

possibility of piston synchronisation without a mechanical linkage, fuel injection from the cylinder 

liner and the fixed scavenging ports timing. 

3.2 Design methodology 

Although the free-piston engine in its basic form is a simple machine, designing such an engine 

can be a complicated task. The fact that the engine stroke length is variable, and that it depends 

both on other design variables and on engine operational variables, complicates the design process 

significantly. 

This section presents the main areas that need addressing in the design process of a free-piston 

engine such as the one illustrated in Figure 3.1, and the discussion forms the outline of a design 

strategy for such an engine. For any real design case, some of the variables will be fixed, for exam

ple in a laboratory where existing engine parts are to be used or if operation at a given frequency 

is required. The design methodology will therefore have to be adapted accordingly, and general 

design guidelines for all types of application is therefore not possible to obtain. 

The approach presented here will be suitable for a wide range of engine sizes. Some assump

tions that can be made for engine design and operational variables will be discussed and numerical 

values will be presented to provide a design example for an engine such as the one'presented above. 

The chosen engine size for the design examples is based on data from a Volvo TAD1260 six-cylinder 

diesel engine. This engine has a bore of 0.131 m, stroke length 0.150 m, and a nominal operating 

speed (piston frequency) of 25Hz. The modelling presented in the chapters below was validated 
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against experimental data from this engine. 

3.2.1 Combustion cylinder 

The first question that arises in an engine design process is obviously that of engine size. For a 

two-stroke engine, the power output will be related to the brake mean effective pressure, swept 

volume and engine speed with 

P = bmep x l'sw x N. (3.1) 

The swept volume of the engine is a function of stroke length and cylinder bore, and can be ex

pressed as l'sw = 11" X B2/4 x S, where B is bore [m] and S is stroke length [m]. 

Furthermore, the engine speed can be expressed in terms of the stroke length and the mean pis

ton speed. Mean piston speed is defined as 'Up = 2SN, and is usually of much higher importance 

in the engine design than the engine speed itself. Modem internal combustion engines face limi

tations on mean piston engine speed of between 8 mls and 15 mls due to inertia stress of critical 

engine components and resistance to gas flow within the engine [51]. Large, low-speed engines 

usually operate at the lower end of this range, while high-speed engines, such as those found in 

automotive applications, operate at the higher range. The Volvo TAD1260 diesel engine achieves a 

mean piston speed of 7.5-9.0 mls at nominal operating conditions. 

Typical values for brake mean effective pressures in turbocharged diesel engines lie between 1000 kPa 

and 2000 kPa, with large, low-speed engines operating at the higher end of this range. Experimen

tal data shows that the brake mean effective pressure for the Volvo TAD1260 engine is within this 

range, at above 1500 kPa at high loads. 

Combined with the expressions for swept volume and mean piston speed, Equation 3.1 can be 

written as 

(3.2) 

Hence, the power output in terms of cylinder bore is given by 

P = i x bmep x B2 x 'Up. (3.3) 

The ratio of stroke length to cylinder bore, (S/B)r = SIB, is an important design variable in internal 

combustion engines, and is effectively a measure of the relationship between engine efficiency and 

power density. A high stroke to bore ratio gives a compact combustion chamber with low surface 
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area, which reduces heat transfer losses, whereas a low stroke to bore ratio allows higher engine 

speeds, increasing engine power output. 

The stroke to bore ratio typically ranges from around 0.8 to 3.5, depending on the engine size 

and application. Small, high-speed engines, such as those found in automotive applications, have 

stroke to bore ratios of around 1, and the highest values of stroke to bore ratio are found in large, 

marine diesel engines. The mentioned Volvo engine has a stroke to bore ratio of 1.15. 

Knowing the relation between cylinder bore and stroke length, Equation 3.3 can be rewritten to 

express power as a function of stroke length: 

11' 1 . _ 2 
P = - X ---2 X bmep x vp x S . 

8 (S/B)r 
(3.4) 

Figure 3.2 shows the required stroke and bore to achieve a given engine power with the assump

tions discussed above, along with the corresponding engine operating speed. It can be seen that 

as the cylinder bore and engine stroke length increase for increasing power outputs, the operating 

speed is reduced to maintain a constant mean piston speed. 

:[ 0.12 '\" 

i ..... 
~ 0.1 .. >., .......... . 

I 0.08 

0.08 

20 30 40 50 eo 70 eo 80 1~ 
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Figure 3.2: Stroke and bore required for an engine with Up = 10 m/s, bmep = 1500 kPa and (S/B)r = 
1.1 for different loads. 

Figures 3.3, 3.4 and 3.5 show the effects of variations in mean piston speed, brake mean effective 

pressure and stroke to bore ratio on the required cylinder bore. It can be seen that increasing 

the mean piston speed or brake mean effective pressure improves engine power density, due to 

a reduction in the engine bore requirement. Similarly, reducing engine stroke to bore ratio will 

significantly increase engine operating speed (for a constant mean piston speed), and therefore 

reduce the required engine bore and increase power density. 
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Figure 3.3: Effects of varying mean piston speed, Up, on engine design predictions with bmep = 
1500 kPa and (S/B)r = 1.1. 
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Figure 3.4: Effects of varying brake mean effective pressure on engine design predictions (Up = 
lOm/s and (S/B)r = 1.1). 

3.2.2 Bounce chamber 

The basic design of the bounce chamber is straight-forward using an energy balance. For no-load 

(idle) operation, the bounce chamber needs to store sufficient energy to compress the cylinder 

charge to the desired compression ratio. Hence, ignoring frictional losses and assuming equal 

start-of-compression pressures of the bounce chamber and combustion cylinder, the bounce cham

ber cylinder could be identical to the combustion cylinder. However, that ignores the fact that 

scavenging ports are not necessary in the bounce chamber and the full stroke can be utilised for 

storing compression energy, as can be seen in Figure 3.1. 

For normal operation, the load force generating electricity will extract energy not only during 

the power expansion stroke but also during the compression stroke, and the bounce chamber there-
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Figure 3.5: Effects of varying stroke to bore ratio on engine design predictions (vp = 10 m/s and 
hmep = 1500 kPa). 

fore needs to intermediately store approximately half of the electric energy extracted in each cycle. 

If the engine runs with constant stroke length, i.e. constant compression ratios in both combustion 

cylinder and bounce chamber, storage of additional energy can be achieved by increasing the start

of-compression pressure in the bounce chamber. It is clear that this pressure will always be larger 

in a loaded case than when running idle, and the basic requirements of the bounce chamber will 

therefore be decided by the no-load case. 

Figure 3.6 illustrates this, showing the energy stored in the engine combustion chamber and bounce 

chamber, along with the energy dissipated in the load device, over one engine cycle. At TOC the 

energy content in the combustion cylinder increases through the heat input from the fuel, from the 

compression energy Eeomp to a peak combustion energy Eeomb. The bounce chamber provides a 

reversible compression of the trapped gas, storing an amount of energy at BOC equal to Esc. The 

load energy is assumed to be extracted evenly over the full cycle, and Eload represents the load 

energy extracted in one cycle. 

If frictional losses are ignored and steady state engine operation is assumed, the energy stored 

in the bounce chamber when the combustion cylinder is at BOC, Esc, must equal Eeomp + Eload/2. 

As the load is reduced towards zero, Eac will tend towards E eamp, and Eeomb will at the same time 

tend towards Eeamp since the required energy input from the fuel is reduced. 

In practice, the bounce chamber needs to store slightly more energy than that found from the

oretical calculations to allow for frictional and thermodynamic losses. When designing the bounce 

chamber, one would seek the configuration giving the least total losses. A small, high-compression 

bounce chamber cylinder may give less frictional losses but thermal losses and blow-by will be 

higher due to the higher gas pressures and temperatures. A larger bounce chamber cylinder allows 
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Figure 3.6: lliustration of energy flow over one engine cycle. (Note that the graphs are not drawn 
to scale.) 

a more modest compression ratio to be used but may have larger frictional losses and increases the 

mass of the piston assembly. A general conclusion on what is the most favourable configuration 

therefore depends on the specific application and cannot be made without further analyses. 

Bounce chamber design methodology 

Assuming that a combustion cylinder of stroke 8, bore B and compression ratio of CR has been 

decided upon, the energy needed to compress the fresh charge for the combustion is given by 

(3.5) 

For a polytropic process with constant ratio of specific heats, 'Y, the instantaneous gas pressure 

can be expressed as a function of cylinder volume: 

u-, 1 
Pc =PO VI -V-, 

where Po is the gas pressure at the start of compression. 

Substituting for Pc in Equation 3.5 and solving the integral gives: 

E - Po Vt" (v,(l-')') V;(l--,)) ..J. 1 
camp - --1 1 - 2 , 'Y r . 

'Y-

(3.6) 

(3.7) 

For a polytropic process, the ratio of specific heats is always greater than unity. Knowing that 
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the compression ratio is the ratio of BDC and TDC volumes, CR = VI/V2, and that the difference 

between BDC and TDC volumes equals the swept volume, VI - V2 = 7r(B2 /4) S, Equation 3.7 can 

be rearranged to give 

(3.8) 

Simplifying and rearranging gives 

Po 7r (CR - C~J 2 
Ecomp = 4 b _ 1) (C

R 
_ 1) B S. (3.9) 

thus providing an expression for the required compression energy as a function of start-of-compression 

pressure, compression ratio and cylinder dimensions. 

Having found the energy required for compression of the combustion cylinder charge, a similar 

approach can be used to derive an expression for the bounce chamber dimensions needed to store 

this amount of energy. Frictional and thermodynamic losses in the engine can also be taken into 

account at this stage by designing the bounce chamber to store slightly more energy than that 

required for compression. The bounce chamber stroke equals the engine stroke, so information on 

compression ratio, ratio of specific heats and start-of-compression pressure for the bounce chamber 

is needed to derive an expression for bounce chamber bore from Equation 3.9. 

Rearranging Equation 3.9 gives 

B 
_ ( 4 b -1) (CR,BC -1) Ecomp ) (1/2) 

BC- --
PO,BC 7r ( CR,BC - ~,BC ) S 

(3.10) 

with CR,BC and PO,BC being the specifications for the bounce chamber. 

Figures 3.7 and 3.8 show the bounce chamber bore required to store sufficient compression en-

ergy for the combustion cylinder, as a function of combustion cylinder bore. The combustion cylin

der is assumed to have a start-of-compression pressure of 150 kPa, compression ratio of 16 and 

stroke to bore ratio of 1.1 for all cases. It can be seen that for a given energy storage requirement, 

the bounce chamber design will depend on the compression ratio and start-of-compression pres

sure design variables. As discussed above, in the design process one would seek the combination 

of bounce chamber bore, compression ratio, and start-of-compression pressure that minimises ~her

modynamic and frictional losses while providing sufficient compression and load energy storage 

capacity. 
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Figure 3.7: Required bounce chamber bore for varying bounce chamber compression ratios with a 
start-of-compression pressure of 1100 kPa. 
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Figure 3.8: Required bounce chamber bore for varying start-of-compression bounce chamber pres
sures with a bounce chamber compression ratio of 16. 

Load energy storage in the bounce chamber 

As the pressure in the bounce chamber must be increased to store a part of the load energy, it is of 

interest to know the start-of-compression pressures required to store this energy. This information 

is needed to design the pressurised air supply, since an external air compressor may be required 

to control this pressure. However, if the maximum required start-of-compression pressure is lower 

than the boost pressure, pressurised air can be bled off from the turbocharger outlet. This will 

clearly be a desired solution. 

The bounce chamber is required to store approximately half of the the load energy per cycle in 

addition to the compression energy. Typically, the net output work from a combustion engine cycle 

is in the order of 3 times the compression work when operating at full load. Equation 3.9 shows 

that for a constant stroke length, the energy storage is proportional to the start-of-compression 
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pressure. Hence, in order to store a sufficient amount of energy at all operating conditions, the 

bounce chamber start-of-compression pressure may have to be increased to 2.5-3 times that of the 

no-load design conditions. 

If using a no-load start-of-compression pressure equal to atmospheric pressure (100 kPa), the 

required supply pressure to the bounce chamber at high loads would be slightly higher than the 

turbocharger delivery pressure commonly found in modem diesel engines (commonly around 

200 kPa). However, as the highest required supply pressure is not significantly higher than the 

pressure that is likely to be available from the turbocharger, additional energy storage in the bounce 

chamber can be solved by adjustments in the design. This can be done in at least two ways: (a) To 

design the bounce chamber to operate with a start-of-compression pressure of below atmospheric 

at idle operation and thereby increase the range in which the start-of-compression pressure can be 

varied. This can readily be achieved by controlling the opening and closing of the pressure control 

valves. (b) To allow the bounce chamber to operate with a higher compression ratio at high loads 

by varying the BOC setpoint to increase the stroke length. 

3.3 Linear electric machine design 

The linear electric machine will have a high influence on the operational characteristics and perfor

mance of the free-piston engine generator. The interaction between both the design and operational 

variables of the electric machine and the combustion engine part of the unit will be higher in the 

free-piston engine than in conventional engines due to the direct coupling of the combustion piston 

to the electric machine. It is clear that if an electric machine with suitable specifications cannot be 

found, the free-piston engine generator concept will not be feasible. 

Of highest importance is the weight of the translator in the electric machine, as this will directly 

influence the piston motion and bouncing frequency since it forms part of the moving mass. If a 

translator of sufficiently low weight cannot be realised, the speed of the engine will be low, leading 

to a poor power to weight ratio. Furthermore, the operational characteristics of the electric machine 

(load force profile) may also influence piston motion, and thereby the engine performance. Finally, 

in addition to posessing the required dynamic properties, the electric machine must provide effi

cient energy conversion in order for the free-piston engine generator to be a realistic alternative to 

conventional technology. 

3.3.1 Linear electric generators 

The amount of published research on the design of linear electric generators for free-piston engines 

is limited. Some reports discussing the use of linear electric generators with free-piston Stirling 
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engines exist, but the operational differences between such engines and internal combustion free

piston engines will be significant [26]. Linear electric motors are, however, widely used in industrial 

automation applications such as robots, machine tools and positioning systems. Linear electric 

machine technology is therefore well established and a high number of commercial available units 

exist. 

Reported work 

Redlich [86] presented an overview of different types of linear electric machines aimed at use with 

Stirling engines, including moving coil, moving iron and moving magnet configurations. Only the 

moving magnet alternator was found to give satisfactory performance and cost for the purpose. 

Redlich further described a patented moving magnet machine used by Sunpower, Inc. along with 

simple design guidelines for machines of this design with a power range from a few watts to 10 kW. 

Cawthorne et al. [27] suggested the use of a permanent magnet linear alternator for a free

piston engine generator and presented a design procedure for such a machine. The claimed key 

advantages of this machine are high power density, high field strength, high efficiency and the 

fact that no brushes, slip rings or other connections to the translator are necessary. Modelling 

and experimental results were presented, and the authors concluded that with optimisation of the 

design and matching to the combustion engine, such an electric machine is a suitable choice for a 

free-piston engine generator. 

A research group from the Royal Institute of Technology (KTH) in Stockholm, Sweden has pub

lished a number of reports evaluating different electrical machine possibilities for a free-piston 

engine generator [9-11]. It was stated that finding an electric machine fulfilling the requirements 

for the free-piston engine is a challenging task but that the permanent magnet, transverse-flux ma

chine is the most promising candidate. The transverse flux machine has the benefits of low transla

tor mass compared to other permanent magnet configurations but suffer from a low power factor 

and high manufacturing costs. The authors stated that all the evaluated machines have satisfactory 

efficiency, and that the main challenge is to achieve the specific power requirements. 

Van Blarigan [17] presented the design of a free-piston engine generator with an electrical power 

output of 40 kW and electric machine efficiency of 96 %. The electric machine was based on con

ventional brushless, permanent magnet, direct current technology. The author stated that such 

a linear machine will be around 30 % heavier than its rotary counterpart but will have compara

ble efficiency. Basic electric machine design was presented and a modelling approach was briefly 

discussed. 

Hew [50] presented results from the fabrication and testing of a permanent magnet linear gen

erator for a free-piston engine. Electric power output from the engine was in the order of 1-5 kW, 

and both short stator and short translator designs were investigated. It was concluded that the con-
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cept is feasible and that such machines can be realised using commonly available manufacturing 

techniques and materials, and that the cost of the machines therefore will be 'reasonable'. 

Boldea and Nasar [19] presented a design procedure to achieve the main geometrical dimen

sions and basic performance of a permanent magnet, tubular linear electric generator. The ap

proach was aimed at the design of electric machines for use with Stirling engines but the design 

methodology has been used by other researchers to achieve a preliminary design of an electric ma

chine for internal combustion free-piston engines. The same authors have described in detail the 

design and operation of various types of linear electric motors and generators [20]. 

3.3.2 Electric machine design 

A number of electric machine deSigns have been proposed for use with free-piston engine gen

erators, including permanent magnet, moving coil and moving iron machines. It is clear that all 

machine types can achieve satisfactory efficiencies (above 90 per cent), and most designs should 

therefore be able to provide efficient energy conversion in the free-piston engine. The moving mass 

of the machines, a key design parameter for the free-piston engine, does however differ widely 

between the different designs. 

The mass of the translator will depend heavily on the required continuous load force, and the 

power output from the generator will be a function of this load force and the reciprocating speed 

of the engine. As an example of the required load force, consider an engine with an electric power 

output P = 50 kW, 0.150 m stroke length and a nominal operating speed N = 30 Hz (giving a mean 

piston speed vp = 9 m/s). Assuming a machine efficiency of 1] = 0.95, the required electromagnetic 

thrust force to produce this power is 

P 50·IQ3W 
Fxr = -- = 9 I 0 95 = 5848 N. UP '1] m 8' . 

This assumes a constant electric load force over the full stroke, however the load force is likely 

to be dependent on the instantaneous speed of the translator. (An electric load force proportional 

to the velocity of the translator is commonly assumed.) A slightly higher design load force than the 

one calculated with this method is therefore required. 

In a design study for a free-piston engine generator similar in size to the one investigated here, 

Arshad et al. [11] stated that a machine with a power output of 61.7 kW, a continuous load force of 

10.3 kN and a moving mass of 12 kg can be realised using a permanent magnet, longitudinal flux 

machine. For transverse flux machines a translator mass of the order 6 kg can be achieved, however 

such engines have significantly poorer power factor. Wang et al. [104] and Chen et al. [28] presented 

similar results. 
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The power to weight ratio of electric machines is commonly measured in specific power, kW jkg, 

either based on the total mass of the machine or the mass of the translator. For this application, 

using a measure of 'specific force', which relates the maximum continuous load force to the mass 

of the translator, will be more useful, since the mean piston speed of the engine is not known. 

Reported values of specific force for permanent magnet, longitudinal flux machines are in the 

range of 0.7kNjkg [77] to 0.9 kNjkg [9,11,104]. For transverse flux, permanent magnet machines, 

values of specific force of approximately 2 kNjkg is achievable [9-11]. 

It will be shown in Section 4.3.2 that with the reported values of specific power and specific 

force quoted above, an electric machine with sufficiently low weight can be designed for the free

piston engine generator. Penalties in engine power output or performance due to the weight of 

the translator are therefore not expected. It will be shown that the weight of the piston assembly 

is not as critical in the turbocharged, diesel-powered free-piston engine as in naturally aspirated 

free-piston engines, due to the higher pressure levels giving higher bouncing frequencies. 

Hence, for the purpose of this study it can be assumed that a linear electric machine with accept

able performance can be realised. Using reported values for specific force, a qualified estimation 

can be made on the moving mass of the electric machine with a given power output without the 

need to go into a detailed design process. 

3.4 Estimating engine speed 

Unlike in the design of conventional engines, no knowledge exists on whether the assumption 

made above for the reciprocating speed of the free-piston engine is realistic. The operating fre

quency will be decided by the engine dimensions, including the mass of the piston assembly, and 

the in-cylinder processes in the two cylinders, whose characteristics will be decided by a number 

of factors, particularly in the case of the combustion cylinder. While the overall dimensions are set 

by the designer, detailed knowledge of the combustion cylinder sub-processes and their effects on 

the gas pressure does not exist at such an early design stage. It is clear that if a sufficiently high re

ciprocating speed, comparable to that of conventional engines, cannot be obtained, the free-piston 

engine concept may not be practical for all applications .. The engine speed is therefore of high in

terest, and an estimation can be made using a simplified model of the system. 

The system resembles a spring-mass system with gas springs, and a simplified dynamiC model of 

such a system can be derived. Assume that a mass, m, is connected between two opposing gas

filled cylinders, as illustrated in Figure 3.9. The cylinders are assumed to be identical for simplicity. 

The mass bounces between two endpoints with a stroke length of 8, only influenced by the forces 
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from the gas springs. Friction and irreversibility are ignored. 

Figure 3.9: Illustration of mass bouncing between two gas springs. 

The mass motion can be described using Newton's second law: 

(3.11) 

where Fl and F2 are gas forces from cylinder 1 and 2 respectively and x is the position of the 

mass. 

The forces acting on the mass can be expressed by the instantaneous in-cylinder pressure and the 

piston area, F = pAp. Knowing the start-of-compression pressure and cylinder volume, pressure 

at any point can be estimated using polytropic state changes: 

lI,"Y 1 
p = Po 0 V"Y (3.12) 

where the subscript 0 refers to any reference condition. Cylinder volumes can be related to 

piston position by 

where 

Vc, is cylinder clearance volume [m3] 

¥tot is total cylinder volume (clearance volume + swept volume) [m3] 

and x = 0 when VI = \'<:1. 

Therefore, Equation 3.11 can be rewritten as 

Po VO"YAp CVc1 +\PX)"i - (¥tot _lAvx))"i) = mi. 

(3.13) 

(3.14) 

(3.15) 

Similarly, knowing the piston bore, stroke length and compression ratio, the total volume and 
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the clearance volume can be found using CR = Viot/Vcl and Viot - Vcl = 7r(B2/4)8. 

An analytical solution of Equation 3.15 is not possible with standard techniques. Solving the equa

tion numerically is trivial, and a simple numerical solver was written to find the mean piston speed 

for different values of cylinder dimensions, start-of-compression pressures and moving masses. 

Figures 3.10 and 3.11 show the predicted mean piston speed of the bouncing spring-mass sys

tem with a constant stroke length. It can be seen that acceptable values of mean piston speed can be 

achieved, comparable to those in conventional engines, even with the relatively modest pressure 

levels assumed here. (For comparison: the Volvo TADI260 diesel engine has a bore of 0.131 m and 

a nominal mean piston speed of 7.5 m/s). The bouncing frequency can be seen to depend heavily 

on cylinder bore, due to the gas pressure force being proportional to the piston surface area. 

~o 30 35 .0 ~5 50 

Moving mua [1<0) 

Figure 3.10: Mean piston speed of a spring-mass system for varying moving mass and piston bore. 
8 = 0.110 m, CR = 16 and Po = 150 kPa. 

Figure 3.11 shows that increasing pressure levels in the cylinders, equivalent to a higher level 

of turbocharging, will increase the bouncing frequency, as one would expect. In a real engine, the 

combustion process will also lead to increased pressure levels compared to the ones investigated 

here, and therefore give higher mean piston speeds than those found in this analysis. Knowing that 

the free-piston engine is likely to have a simpler construction than that of crankshaft engines, one 

would expect this type of engine to be able to provide engine power densities similar to, or better 

than, those of conventional engines. 

3.5 Starting 

The energy needed to start modem free-piston engines is commonly provided by running the load 

device in motoring mode. This can be achieved with an appropriate control system and the use 
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Figure 3.11: Mean piston speed of a spring-mass system for varying moving mass and start-of
compression pressure. S = 0.110 m, CR = 16 and B = 0.100 m. 

of stored hydraulic or electric energy to drive the piston assembly. In the present design, rapidly 

introducing compressed air into the bounce chamber could present an alternative starting method, 

but the former is probably the preferred solution in most applications. 

The energy needed to compress the charge in the combustion cylinder can be found using the 

method described in Section 3.2.2. It should be noted that the compression ratio needed for starting 

is lower than for normal operation, since the charge is only required to reach a point at which the 

fuel autoignites to ensure start-up. 

The energy that can be supplied by the linear electric machine for one half-cycle can be found 

with 

Emot = Fmot x S. (3.16) 

The maximum motoring force will be decided by electric machine design and will be in the 

same range as the maximum load force, which in tum is set by the power output requirements of 

the electric machine. If the electric motoring force is sufficiently high, the compression energy may 

be provided over one stroke only, i.e. from BOC to TDC, and the electric machine can thereafter 

immediately be switched over to generating mode. This may, however, not be feasible as it would 

require the combustion engine to start and retain operation following the first stroke, in addition to 

requiring a high electric motoring force from an electric machine that is mainly designed to operate 

as a generator. A better solution may be to drive the piston assembly back and forth until suffi

cient compression has been achieved and the engine runs smoothly, although this would require 

a slightly more sophisticated control system. Using this method, the engine can be 'cranked' for 

several cycles to secure problem-free start-up, similar to conventional engines. 
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A numerical example will be shown in order to obtain insight into the magnitude of the mo

toring force required for engine start-up. Assuming that an engine of 0.100m bore and 0.110m 

stroke has been designed to produce an electric power output of 50kW with a mean piston speed 

of 10 m/s. Start-of-compression pressure is taken to be 100 kPa (atmospheric pressure). 

If the electric load force is constant over the full stroke, the load force required to produce 50 kW 

power is 

P 50000W 
Fload = 2SN = lOm/s = 5000N. (3.17) 

This force can, in theory, be used as a motoring force. 

In Sec,tion 3.2.2 a method of calculating the energy needed to compress the charge in an engine 

cylinder to a given compression ratio was derived. If assuming that a compression ratio of 10 is 

sufficient for starting, the constant motoring force needed to supply this energy in one half-cycle is 

F. = Ecomp = 6000 J = 53 kN 
req S 0.110 m --' (3.18) 

It can be seen that the force required to achieve a compression ratio sufficient for fuel autoigni

tion is one order of magnitude higher than the motoring force that can be expected to be achieved 

from the electric machine. It is therefore likely that the method of driving the piston assembly back 

and forth to build up sufficient compression, as described above, will be the only realistic option 

for starting. 

Using such 'cranking' of the engine, the electric machine must only overcome the frictional 

losses in the engine to be able to increase the piston assembly bouncing energy. Frictional losses in 

internal combustion engines are commonly measured by the friction mean effective pressure, fmep, 

and a typical value of fInep for conventional engines at normal operation is around 100 kPa. 

With the engine dimensions listed above, a friction mean effective pressure of 100 kPa is equiva

lent to a constant friction force of approximately 400 N. The lower frictional losses in the free-piston 

engine and the low piston speeds and gas pressures during starting makes this a conservative esti

mate. It can be seen that the available motoring force of the electric machine is significantly higher 

than the frictional forces, and as such, the bouncing energy and the compression ratio can be built 

up using stored electric energy and an appropriate control system. 

3.6 Summary 

The main design variables in the free-piston engine generator have been discussed. The design of 

such an engine is more complex than that of a comparable conventional engine due to the higher 

level of interaction between the different design variables. The challenges associated with the de-
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sign of free-piston engines are mainly attributed to the variable stroke and the limited speed range 

of the engine. 

The design of such an engine requires an iterative approach, and some degree of knowledge or 

prediction of engine performance is crucial. This can, for example, be achieved through a simu

lation model. Typical basic requirements in a design process are engine output power and engine 

speed. An iterative strategy to design an engine of a given power output could look like: 

1. Set engine power requirements. 

2. Set the desired stroke to bore ratio. 

3. Estimate the required cylinder bore and calculate the corresponding stroke length. 

4. Design an electric machine to give an estimation of the mass of the piston assembly. 

5. Simulate engine operation to find actual power output, engine speed and other performance 

parameters. 

6. Update bore and stroke estimate and retum to point 4. 

The simulation can be based on the equations presented above, however a more detailed simu

lation model will give more reliable results. 
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Chapter 4 

Full-cycle modelling and simulation 

A full-cycle simulation model for the engine illustrated in Figure 3.1 was developed and simu

lations were performed to investigate a number of issues regarding free-piston engine operation 

and performance. Having a full-cycle engine model, the interaction between engine operational 

variables can be investigated in detail, which is of high interest for the free-piston engine due to 

the limited amount of operational experience reported for this type of engine. While simplified 

engine models are capable of predicting the main effects of design variables such as the mass of the 

piston assembly or cylinder dimensions, accurate simulation of engine operation requires a more 

sophisticated model. 

The full-cycle model also accounts for secondary effects such as the influence of poor scavenging 

on the following cycle or prolonged ignition delay, which allows the simulation of engine transient 

operation. This is particularly useful for investigations into engine control, a known challenge 

with the free-piston engine concept, and a study of free-piston engine control issues is presented in 

Chapter 6. 

This chapter describes the engine simulation model and its submodels in detail, along with pre

senting extensive simulation results giving insight into the performance and operating characteris

tics of the free-piston engine. Potential advantages over conventional technology are also investi

gated. Parts of the work presented in this chapter were presented by Mikalsen and Roskilly [75]. 

4.1 Modelling free-piston engines 

Basic modelling of the free-piston engine piston dynamics is straight-forward, since the piston mo

tion is determined by the force balance on the piston assembly. Simplified models of the bounce 

chamber and electric machine can readily be derived, however the combustion cylinder sub-processes 

require significantly more advanced models, as they depend on a complex interaction between 

fluid flow, combustion, chemical kinetics and heat transfer. The formulation of simplified models 

to describe engine combustion processes has been studied extensively for decades, but many as-
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pects of engine development, such as emissions reduction measures, still rely on computationally 

intensive, multidimensional models or experimental studies. 

A particular feature of the free-piston engine is the ability of the combustion process to influence 

the speed of expansion, due to the direct coupling of the combustion piston to the low-inertia piston 

assembly. This means that a fast combustion process and pressure rise will lead to a faster power 

stroke expansion, and vice versa. In comparison, in a crankshaft engine the inertia of the crank 

system and flywheel ensure that the speed of the engine is effectively constant in the timescale of 

the combustion process and the piston motion is pre-determined. This intricate coupling between 

thermodynamics and mechanics gives the free-piston engine particular characteristics that must be 

taken into account when modelling the engine. 

4.1.1 Free-piston engine combustion 

The particular piston motion profile of the free-piston engine may influence in-cylinder gas motion 

and the combustion process, and some reports on experimental work with free-piston engines have 

indicated differences in the combustion process between free-piston and conventional engines. 

Somhorst and Achten [90] investigated the combustion process in a hydraulic free-piston en

gine. It was found that most of the fuel in the free-piston engine was burned in the pre-mixed 

phase, resulting in a very high rate of heat release, and a pressure gradient two to five times the 

value of a comparable conventional engine was reported. It was suggested that this is due to the 

high piston velocities around TDC, increasing in-cylinder gas motion and turbulence levels [2,90]. 

Tikkanen et aI. [96] reported the same behaviour in a dual piston free-piston engine and stated that 

combustion takes place mainly in a single, pre-mixed phase. 

After testing some of the mid-20th century free-piston engines, Fleming and Bayer [39] reported 

abnormal combustion and stated that thermodynamic models had to be modified to fit free-piston 

engine data due to high heat release rates. It was further stated that when recreating the condi

tions under which the free-piston engine showed this performance in a conventional engine, the 

conventional engine would not run. 

The engine processes in the free-piston and conventional engines are similar and existing con

ventional engine models may predict the general performance of free-piston engines with sufficient 

accuracy. However, reports such as those mentioned above suggest that models developed for and 

calibrated against conventional engines may not be directly applicable to investigate free-piston 

engine operation in detail, and the use of such models should be treated with some caution. Free

piston combustion will be investigated in detail in Chapter 5. 
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4.1.2 Reported work 

The force balance on the piston inevitably leads to a differential equation, and with the use of 

complex submodels this equation may be highly nonlinear. Consequently, before computers were 

available modelling of free-piston engines relied on simplified models, that could be solved ana

lytically, or the use of charts and tables. Some approaches were presented by Farmer [37], Frey et 

al. [42] and London and Oppenheim [67]. They typically employ an energy balance to the piston 

and solve simplified equations for subprocesses such as compression and expansion, friction, valve 

flow etc. Some recent approaches, including Heintz [49] and Zhang et al. [106], are also based on 

very simplified modelling, and the earliest free-piston engine developments have shown that the 

accuracy of such models is sufficient for basic engine design. 

Most modem work is based on the same principle of solving the equation for the force balance 

on the piston assembly, but more sophisticated models for sub-processes, such as the combustion 

process and in-cylinder heat transfer, are usually employed. Perfect scavenging is commonly as

sumed, restricting the models to simulate steady-state engine performance. The submodels used 

in modem free-piston engine simulation models are based on the vast amount of research done 

on conventional engine modelling, although some modifications to existing models have been re

ported. Experimental work investigating the combustion process in the free-piston engine and 

comparing this to engine models is scarce. 

Heintz [49] presented the modelling of a free-piston engine pump based on very simplified piston 

motion equations. The author employed an energy balance to the moving pistons and predicted 

the influence of engine design variables on engine performance and operation characteristics. 

Baruah [13] presented more advanced modelling of a spark ignited free-piston engine, combin

ing the solving of the piston dynamics with single-zone models of the in-cylinder processes. Models 

for engine emissions were implemented, and the simulation results for the free-piston engine were 

compared to simulations of conventional engines. 

Larmi et aI. [66] presented the modelling of free-piston engine performance through zero-dimensional 

and one-dimensional modelling frameworks. Well-known crankshaft engine models for the sub

processes were used, such as Wiebe functions for heat release and the Woschni heat transfer cor

relation. The models were fitted to experimental data from a free-piston engine, a process that is 

reported to have been 'laborious'. The tuned models were shown to give satisfactory predictions 

of engine performance. 

Tikkanen et al. [95] simulated the performance of a dual piston diesel free-piston engine. The 

authors neglected the diffusion-based combustion phase and modelled the combustion as a com

pletely pre-mixed reaction, partly based on results reported by Somhorst and Achten [90]. Experi-
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mental results showing the validity of this approach were presented by TIkkanen et al. [96). 

Atkinson et al. [32) presented the modelling and simulation of a dual piston, spark ignited free

piston engine. Standard polytropic compression and expansion relations were used, along with 

idealised scavenging models and a Wiebe heat release model. The simulation model was fitted 

to experimental results of a prototype engine and the authors stated that this was an 'extremely 

complicated' task. 

Fredriksson and Denbratt [41) simulated the performance of a free-piston engine for a variety 

of fuels, including hydrogen and natural gas. A combination of simplified submodels known from 

conventional engine modelling and detailed chemical kinetics models were used. The authors 

stated that some inaccuracy may be present due to the use of empirical submodels developed for 

conventional engines. 

Multidimensional, computational fluid dynamics (CFD) modelling of free-piston engines has 

recently been presented by some authors, including Fredriksson [40), Golovitchev et al. [45] and 

Kleemann et al. [64). These models typically employ a piston motion profile obtained from a zero

dimensional dynamic model, and as such, they require a simplified model to be developed to pre

dict the engine dynamics. CFD modelling of free-piston engines is discussed in detail in Chapter 

5. 

4.2 Full-cycle simulation model 

A full-cycle simulation model was derived in order to investigate the performance of the proposed 

free-piston engine and the influence of the main design variables. The modelling of the engine was 

based on existing research on the modelling of conventional engines, as the amount of research 

specifically addressing the modelling of free-piston engines is limited. The following sections de

scribe the details of the simulation model. 

4.2.1 Engine dynamics 

Figure 4.1 shows the free body diagram of the piston assembly in the free-piston engine generator 

illustrated in Figure 3.1. The piston motion can be described by Newton's 2nd law: 

(4.1) 

4.2.2 Simulation algorithm 

A simulation program was written using the numerical computation toolbox Matlab by The Math

works, Inc. [93]. The simulation code solves Equation 4.1 numerically to give piston speed and 
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Figure 4.1: Free body diagram of the piston assembly in the free-piston engine generator illustrated 
in Figure 3.1. . 

position. The instantaneous combustion cylinder and bounce chamber pressures are calculated at 

each simulation step to find gas pressure forces, using the submodels presented below. The force 

from the electric machine and the frictional forces are calculated similarly. All the forces are func

tions of one or more of the factors time, piston position, piston speed, input operating variables 

and ambient conditions. 

The simulation model was written using standard forward Euler numerical integration to solve 

Equation 4.1 due to its simplicity in implementation. When testing the code it was found that the 

solution converged satisfactorily with decreasing timestep length, without extensive penalties in 

computation time. The implementation of a more accurate numerical scheme, such as the mid

point method or a Runge-Kutta method, was therefore not found necessary. Figure 4.2 shows a 

simplified flowchart of the simulation code. 

The simulation model takes the following inputs: 

• cylinder bore; 

• moving mass; 

• nominal stroke length and compression ratio; 

• ambient air temperature and pressure; 

• turbocharger isentropic efficiencies and exhaust back pressure; 

• number of exhaust valves, dimensions and valve timing; 

• scavenging ports height and width; 

• fuel calorific value, mass of fuel per injection and injection timing; 

• linear alternator force function; 

• bounce chamber bore and nominal compression ratio. 

The model calculates the following performance parameters: 

• speed; 

• stroke; 
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Figure 4.2: Flowchart for Euler integration of piston motion equations. 

• generator power output; 

• cylinder temperature and pressure history; 

• boost pressure, boost temperature and exhaust gas temperature; 

• fuel! air equivalence ratio; 

• scavenging efficiency; 

• predicted ignition delay and fuel bum rate; 

• in-cylinder heat transfer rate; 

• engine efficiency. 

The start of the simulation is performed by assumh,g that the piston is at TDC, that the in-cylinder 

air is compressed to the given compression ratio and that all the fuel is injected and burnt instan

taneously at time t = O. The simulation is subsequently run until the engine operation stabilises, 

i.e. until two consecutive cycles are identical. Engine transient response is investigated by first let

ting the engine stabilise at the desired operating conditions and then imposing a change in one or 

more of the input variables. A number of engine operational variables are logged on a time basis, 
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including piston motion, cylinder charge composition and gas pressures and temperatures. 

4.2.3 Submodels 

4.2.3.1 Ignition delay 

Ignition delay is defined as the time between start of fuel injection and start of combustion. In prac

tise, determining the actual point of ignition is a matter of definition, and a 'noticeable' pressure 

rise due to the combustion must be identified. 

Somhorst and Achten [90] stated that values for ignition delay in the Innas Free-Piston Engine 

do not differ much from values predicted by a model based on crankshaft engine experimental 

data. The ignition delay depends mainly on the physical properties of the fuel and the conditions 

under which it is burnt, and not necessarily on the combustor design. It is therefore believed that 

correlations developed for conventional engines will be able to predict ignition delay in the free

piston engine with sufficient accuracy. 

Correlations for ignition delay based on the Arrhenius equation for reaction rate are widely used 

in internal combustion engine modelling and a correlation of this type, described by Stone [92], has 

been used. The ignition delay is defined as a function of in-cylinder gas pressure and temperature: 

3.52 exp(2100/T) 
tid = (p/105 )1.022 • 

(4.2) 

The variables p and T are the mean values of pressure and temperature during the ignition delay 

and to account for the changing conditions in the ignition delay period the following correlation 

must be satisfied [51]: 

I t.l+tld (1) 
- dt = 1 

t.1 T 
(4.3) 

where tal is the time at the start of injection and T is the ignition delay at time t.s 

4.2.3.2 Combustion 

The modelling ~f the heat release in the free-piston engine is one of the factors with the highest 

degree of uncertainty in the simulation model. Very little research exists on the combustion process 

in free-piston engines compared to the vast amount available for conventional engines. Although 

the research on conventional engines may provide a starting point for the modelling, care should 

be taken if using models developed for and validated against conventional engines as discussed 

above. 

Numerous correlations have been proposed for predicting diesel engine combustion. Single

zone models, which treat the cylinder charge as uniform in composition and temperature and 
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merely add heat to this charge according to the fuel bum rate, are commonly used for basic en

gine modelling. Calibrated against experimental data, single-zone models have been shown to 

give good predictions of general engine performance when investigating effects that do not highly 

influence the combustion process, such as changes in compression ratio and injection- or valve 

timing [63]. 

A single-zone combustion model described by Heywood [51] has been used in this study, in 

which the mass fraction burned is defined as 

mb(t) = {3!t(t) + (1- {3)h(t) (4.4) 

where mb is the mass fraction burned [1], t is time, non-dimensionalised by total time for combus

tion [1], and {3 is the fraction of fuel burned in the pre-mixed phase [1]. 

The function !t is the pre-mixed burning function, given as 

(4.5) 

and h is the diffusion burning function 

(4.6) 

The fraction of fuel burned in the pre-mixed phase, {3, is a function including the ignition delay: 

(4.7) 

Kl, K2, K3, K4, a, b and c are empirical coefficients. Values of these based on experimental data 

from a truck engine are presented by Heywood [51], and these have been adjusted to fit experi

mental data and implemented in the model. The total time allowed for combustion was set to 5 rns 

based on experimental data. (For details on the validation of the model, see Section 4.2.4.) 

4.2.3.3 Scavenging 

Predicting the scavenging performance is a difficult task in a preliminary engine design, as it heav

ily depends on engine design details. Perfect scavenging models, in which predictions of exhaust 

blowdown and the gas exchange are ignored and a constant pressure is assumed while the scav

enging ports are open, are commonly implemented in engine models at an early stage. In order 

to simulate engine transient operation, a scavenging model that predicts the effects of variations 

in engine operation on the scavenging process is required. This is particularly important in the 

free-piston engine due to the variable stroke length and potential variations in BOC position. AI-
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though not validated against experimental data, such a scavenging model will be able to take into 

account the effects of poor scavenging on the next combustion process, and to pred ict the effects on 

scavenging when other engine variables are changed. 

Exhaust blowdown is modelled in the parts of the cycle where exhaust valves are open but the 

scavenging ports have not yet been uncovered. The process is modelled as a polytropic expansion 

down to the exhaust back pressure, with mass flow through the exhaust va lves modelled as flow 

through nozzles, given by [51] 

rh = Co Ac P P exh ~ 1 _ Pexh ( )lh ( [( )(-Y-l)h]) 1/2 

(RT)l /2 P 'Y - 1 P 
(4.8) 

For choked flow (Le. if Pexh/P ~ [2/b + 1)]"Y/('Y- 1»), the mass flow is given by 

. = Co Ac P 1/2 (_2_) (OY+l)/2(-y - l) 

m (RT)l /2 'Y 'Y + 1 
(4 .9) 

In Equations 4.8 and 4.9, rh is the mass flow through the valve, Co is the valv discharge co ffj 

cient, Ac is the flow area, taken as valve curtain ar a, P is the in- ylinder gas pressure, R is the gas 

constant, T is the in-cylinder gas temperature, Pexh is th xhaust back pr ssure and 'Y is th ratio 

of specific heats. Appropriate valve discharge co fficients, as suggested by Heywood [51], w re 

implemented. 

Combustion products 

Zon boundary 

Fresh air charge 

Figure 4.3: Illustration of the scav nging mod I. 

During the parts of the cycle when both exhaust valves and inlet ports are open the gas flow 

rate through the valves and ports was calculated as above, wh reas the gas exchange in the cylinder 

was modelled with a perfect displacement model. During scavenging the cylinder was assumed 

to comprise two zones: one zone consisting of fresh air which displaces zone two which consists 
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of combustion products, as illustrated in Figure 4.3. The zones do not exchange mass or heat, and 

only when all the combustion products have been fully displaced will fresh air flow out through 

the exhaust ports. Gas temperatures are calculated as the instantaneous mass-weighted average of 

fresh air and combustion products in the cylinder, and the two zones mix instantaneously at the 

point where both exhaust valves and inlet ports are closed. 

Using such an approach, the thermodynamic consequences of poor scavenging on the next cycle 

are taken into account. The scavenging efficiency, defined as the fraction of the cylinder charge that 

consist of fresh air at the start of compression, is calculated and given as one of the model outputs. 

4.2.3.4 Turbocharger model 

The performance of the turbocharger varies with engine operating conditions due to changes in the 

flow rate and eriergy content of the exhaust gas. The turbocharger model calculates the boost pres

sure and temperature based on the exhaust temperature, exhaust back pressure and turbocharger 

properties. 

Figure 4.4 illustrates the turbocharger with the mass flows through the compressor and the 

turbine. The turbocharger model requires the following inputs: 

• ambient air pressure and temperature, Patm and Tatm; 

• exhaust back pressure, Pexh; 

• turbine and compressor isentropic efficiencies, T}t and TIc; 

• turbocharger mechanical efficiency, Tlmechi 

• exhaust gas temperature from the engine, Texh ' 

The exhaust gas temperature is provided by the engine simulation model, all other parameters are 

set by the user. 

--Turbine / 
Compressor 

1 Exhaust outlet 
Patm, Tout Atmospheric air inlet i 

Patm,TMm 

Figure 4.4: Turbocharger model parameters. 
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Standard equations for ideal processes, assuming constant specific heat for the gases but al

lowing for efficiency losses in the turbocharger, were used in the calculations. The calculation 

procedure can be found in numerous combustion engine and turbomachinery textbooks, including 

Stone [92) and Heywood [51). The temperature of the exhaust gas after an isentropic expansion 

from Pexh down to Patm is Tout IJ and can be found by using 

(:x..::..!) 

(
Patm) .., 

Tout. = Texh -- • 
Pexh 

(4.10) 

The actual gas temperature, Tout, after the expansion can be found using the turbine isentropic 

efficiency: 
Tout - Texh 

TIt = . 
Tout. - Texh 

(4.11) 

The work done by the turbine, Wt, depends on the mass flow of exhaust gas, mexh, the specific 

heat of the gas, Cpexh, and the actual temperature change: 

(4.12) 

The only work done by the turbine is to drive the compressor and overcome friction. Hence, 

the compressor work can be determined using 

tVc = Tlmech Wt . (4.13) 

Having determined the compressor work, the same method can be used to find the pressure 

rise in the compressor. The mass flow of exhaust can be found using the engine model, however, 

this differs only slightly from the mass flow of air (the difference between the two is typically less 

than 5 per cent). It has been assumed that these two mass flows are equal, which simplifies the 

implementation of the model and does not introduce any significant error. The actual temperature 

rise of the intake air is 
We 

71n = Tatm + -.--
mair Cpal r 

where We is found from Equation 4.13. 

(4.14) 

Knowing the isentropic efficiency of the compressor, the isentropic temperature rise is found 

similarly as above with 

(4.15) 

The boost air pressure, Pin can now be found with 

.I. in, ( ~ )(:?--r) 
Pin = Patm T

atm 
• (4.16) 



74 

Efficiency values for the turbocharger compressor and turbine were chosen as 17c = 0.70, 17t = 

0.80, as suggested by [92]. The mechanical efficiency, 17mech, is higher than those of the compres

sor and turbine, and 17mech is commonly included in 17t. For simplicity, a value of 17mech = 1 was 

therefore used. 

The dynamics of the turbocharger, i.e. its transient response to changes in engine operation, is 

not modelled. This is achieved by averaging the calculated values over a number of cycles. 

4.2.3.5 Heat transfer 

As the in-cylinder gas temperature varies during the processes of compression, combustion and 

expansion, heat will be transferred between the gases to the cylinder walls and piston surface. 

Stone [92] stated that typically 20-30 per cent of the fuel energy in a conventional engine passes to 

the coolant and around half of the heat flow to the coolant comes from in-cylinder heat transfer. 

The heat transfer will depend on a number of factors, including the exposed in-cylinder surface 

area, the temperature of the trapped gases and the gas motion within the cylinder. 

In-cylinder heat transfer was modelled using Newton's law of thermal convection, giving the heat 

transfer rate as 

Q = aA.(T - T,) (4.17) 

The heat transfer coefficient, a, was found using the correlation presented by Hohenberg [54]: 

a = 130V-O.06 C~5) 0.8 T-O.4(vp + 1.4)0.8. (4.18) 

Stone [92] suggests an average in-cylinder surface temperature, T" of 350 K, and this value was 

used in the simulations. The surface area exposed to the combustion gases is calculated with the 

assumption that the combustion chamber geometry is that of a perfect cylinder. 

The heat transfer was calculated in the dosed-cylinder parts of the operating cycle only, i.e. 

when scavenging ports are not uncovered and exhaust valves are closed. This includes the com

pression, combustion and power stroke expansion, which are the parts of the cycle where the high

est temperature gradients, and thereby highest heat transfer, occurs. This approach is supported 

by Heywood [51], who stated that the heat transfer during combustion can reach Significant values 

and that the heat transfer during the rest of the cycle is essentially zero. 

4.2.3.6 Gas properties 

Having calculated the instantaneous heat transfer rate to or from the in-cylinder gases (heat release 

from combustion minus heat transfer losses to the combustion chamber walls), new values for 
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cylinder pressure and temperature were calculated at each simulation step. The rates of pressure 

and temperature change were found by applying the 1st law of thermodynamics on the cylinder 

charge: 

(4.19) 

Assuming that the cylinder charge will behave as a ideal gas (a common simplification in this type 

of analysis), the internal energy is a function of temperature only: 

(4.20) 

The gas will follow the ideal gas law: 

pV=mRT. (4.21) 

Assuming that the mass, specific heat, Cv and gas constant, R, are constant, and letting R/Cv = 
(-y - 1), one can derive expressions for the change in gas temperature and pressure as a function 

of heat and work energy transfer to the gas. Differentiating Equation 4.20 with respect to time 

and subsituting for ~~ in Equation 4.19, one gets an expression for the gas temperature change. 

Knowing that the work is a function of gas pressure and volume change, dd~ = p ~~, the gas 

temperature can be found as 

dT 1 (dQ dV) 
dt = mCv dt - Pdt . (4.22) 

The pressure change can be found from the ideal gas law directly, or by differentiating Equation 

4.21 and substituting for ~~ in Equation 4.22. The pressure change is given by 

- = - (-y - 1) - - ",(p-dp 1 ( dQ dV) 
dt V dt dt' 

(4.23) 

Combustion chamber volume can be derived from piston position and the rate of change of 

volume change rate was found from the instantaneous piston speed. 

4.2.3.7 Friction 

Frictional losses in the free-piston engine are expected to be lower than those in conventional en

gines, which, as discussed in Section 2.1.3, is one of the main advantages of the free-piston concept. 

In the single piston design, however, it should be noted that the additional frictional losses in the 

bounce chamber must be taken into account, and these advantages will therefore be lower than in 

dual piston free-piston engines. 
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A breakdown of engine friction mechanisms in four stroke spark ignition and diesel engines 

was presented by Heywood [51]. This was used as the basis to estimate the frictional losses in the 

free-piston engine, with the following adjustments: 

• pumping work is left out as the cycle used is a two stroke; 

• compression and gas loads are left out as their effects are accounted for elsewhere in the 

simulation model; 

• crankshaft friction is left out as it is not present in the free-piston engine. 

This leaves the frictional losses from the piston, piston rings, valve gear and auxiliaries, giving 

a friction mean effective pressure (fmep) of approximately 120 kPa. For the bounce chamber, the 

frictional losses are likely to be lower than for the combustion cylinder since the bounce chamber 

is working with lower pressures and the sealing requirements are less stringent. A value of half 

the friction mean effective pressure of the combustion cylinder piston and piston rings was used 

for the bounce chamber. Frictionallosses in the electric machine and from additional bearings that 

may be required have not been considered. 

Having the total mean effective pressure, a friction force can be calculated. The friction force 

was assumed to be constant over the full cycle, a simplification compared to the real frictional forces 

which depend on factors such as piston speed and in-cylinder gas pressure. The simplification 

does not, however, have a large influence on the simulation results because the frictional forces 

are significantly lower than the other forces acting on the piston, and do therefore not have a large 

influence on the piston dynamics. 

With the driving of valves and auxiliaries included in the frictional work, the estimated free

piston engine friction mean effective pressure in the single piston free-piston engine is around 90 

per cent of that in conventional engines. 

4.2.3.8 Linear electric machine 

The electric machine was modelled simply as a force acting on the piston assembly, and was initially 

assumed to have a load force profile that is proportional to the speed of the translator. The code 

allowed the implementation of any desired load force profile, such as a constant load force or a 

load force acting only during parts of the cycle. 

4.2.3.9 Bounce chamber 

With the exception of the frictional losses discussed above, the bounce chamber was modelled as 

a reversible adiabatic compression and expansion of the air trapped within the bounce chamber 

cylinder. The amount of air in the bounce chamber at the start of compression was allowed to vary, 

to aid engine control. 
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4.2.4 Model validation 

The output of the simulation model was validated against data from a Volvo TAD1240 six-cylinder, 

turbocharged diesel engine. Technical data for this engine are shown in Table 4.1. The comparison 

was carried out with the aim of verifying that the model produces realistic results, and that it is able 

to predict real trends for varying engine operating conditions. It should be noted that the Volvo 

TAD1240 is a four-stroke engine, and a comparison of experimental data to those predicted for the 

free-piston engine was therefore not undertaken. 

Stroke 0.150m 
Bore 0.131 m 

Operation 4-stroke 
Displacement 12.13dm" 

Compression ratio 17.5:1 
Nominal operating speed 1500 rpm 

Maximum power 310kW 
Mean piston speed 7.5m/s 

Table 4.1: Volvo Penta TAD1240 GE technical data. 

4.3 Simulation results 

Using the simulation model described in Section 4.2, simulations of the engine illustrated in Figure 

3.1 were performed with varying engine design and operational parameters. This section presents 

simulation results investigating the basic performance of the engine and the influence of important 

design variables. 

Unless otherwise stated, the engine will have design and specifications as listed in Table 4.2. 

The main engine design variables were chosen to be similar to those of the Volvo TADI260 diesel 

engine, against which the simulation model was partially validated. 

Nominal stroke O.150m 
Cylinder bore 0.131 m 

Scavenging ports height 0.022m 
Nominal compression ratio 15:1 

Piston assembly mass 22kg 
Bounce chamber bore O.150m 

Bounce chamber nominal compression ratio 15:1 
Exhaust back pressure 1.5 X lOfiPa 

Table 4.2: Free-piston engine design specifications. 

Figure 4.5 shows the reference scale for piston position used in the remainder of this text, as shown 

in Figure 4.1. The nominal TDC position is defined at the origin, and x defines the piston distance 
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below TDC. The nominal BOC position will have a value of x equal to the nominal stroke length 

(0.150 m). Due to the variable stroke length, it is possible for x to have values outside the nominal 

stroke, including negative values. 

I Stroke 
I EO ;., , :> 

TOC BOC x[m] 
x=O x = 0.150 

Figure 4.5: Piston position scale used in the simulations, as illustrated in Figure 4.1. 

In the simulations both the exhaust valve timing and fuel injection timing were varied in order 

to optimise engine performance, using controllers within the simulation model. The exhaust valve 

opening timing was adjusted so that the in-cylinder pressure at the time when the scavenging ports 

are uncovered is equal to the boost pressure. This maximises the work done on the piston along 

with preventing backflow of exhaust gases into the intake manifold. The exhaust valves were set 

to close at the same time as the piston covers the scavenging ports in the compression stroke. Fuel 

injection timing was set to its optimum value for high efficiency in all the simulated cases. 

4.3.1 Basic engine performance 

The basic performance of the free-piston engine is shown in Table 4.3. The engine was operating 

with a fuel-air equivalence ratio of 0.60. The efficiency values presented in the table and those pre

sented below refer to the 'shaft' fuel efficiency of the combustion engine, and losses in the electric 

machine are ignored. 

Speed 30Hz 
Output power 44.4kW 

Mean piston speed 9m/s 
Scavenging efficiency 0.90 

Boost pressure 1.68 x 10:> Pa 
Engine efficiency 0.42 

Table 4.3: Simulated engine basic performance. 

Figure 4.6 shows the simulated in-cylinder pressure of the combustion cylinder and bounce 

chamber for one engine cycle. The predicted combustion can be seen to be close to a constant 

volume process. 

Figure 4.7 shows the predicted piston dynamicS of the free-piston engine. Figure 4.7a shows the 

simulated piston motion for one engine cycle, compared to a conventional engine (with a crankshaft 

radius to connecting rod length ratio of 0.3) running at the same sp~ed. Significant differences can 
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Figure 4.6: Simulated combustion cylinder and bounce chamber pressure for one engine cycle. 
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(c) Simulated piston speed profile for the frce-piston en
gine compared to a conventional engine running at the 
same speed. 
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(d) Simulated piston acceleration profile of the free
piston engine compared to a conventional engine run
ning at the same speed. 

Figure 4.7: Predicted piston dynamics of the free-piston engine. 

be seen, the most important being that the free-piston engine spends shorter time around TDC, 

where the gas pressure and temperature are at their highest. This is emphasised in Figure 4.7h, 

which shows the piston motion in the area close to TDC, normalised around the TDC position. It 

can be seen that the expansion just after TDC is significantly faster for the free-piston engine, due 
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to the low inertia of the piston assembly. 

It can also be seen from the piston motion trajectory that the free-piston engine motion is asym

metrical around TDC, and the engine therefore spends more time in the compression phase than in 

the expansion phase of the cycle. 

Figure 4.7c shows simulated piston speed in the free-piston engine and the piston speed profile 

of a conventional engine. It can be seen that the peak piston speed is lower in the free-piston engine 

for the same mean piston speed, and that the speed profile is significantly different. Compared to 

the conventional engine, the free-piston engine has a speed profile resembling a square wave, with 

rapid speed changes and long periods of close to constant speed. 

Figure 4.7d shows piston acceleration in the free-piston and a conventional engine. As above, 

significant differences can be seen, in particular shortly after ignition where the unrestricted motion 

of the piston in the free-piston engine gives a very high acceleration as the combustion cylinder 

pressure increases. Predicted peak piston acceleration in the free-piston engine is around 60 % 

higher than that of the conventional engine. 

A curiosity of the free-piston engine is that, because the acceleration is directly proportional to 

in-cylinder gas pressure, events in the combustion chamber can be found on the acceleration graph. 

Both the fuel injection and the exhaust valve opening can be seen on the graph in Figure 4.7d, at 

around t = 18 rns and t = 29 rns respectively. 

The predicted piston dynamics correlates well with theoretical and experimental reports from 

other authors investigating free-piston engines operational characteristics, including Achten et a1. 

[2], Fredriksson and Denbratt [41] and Tikkanen et a1. [96]. 

4.3.2 Engine geometry and design 

In an engine design process, knowledge of the influence of different engine geometric variables is of 

high importance. Although the influence of the main design parameters can be predicted based on 

experience from conventional engines, their effects on overall engine performance may be different 

in the free-piston engine due to the particular operating characteristics of this type of engine. This 

section investigates the influence of the main engine design parameters in the free-piston engine. 

Most of the design- and operational parameters in the free-piston engine are highly intercon

nected, and the system becomes more complicated in this sense than the conventional engine. For 

example, an increase in moving mass will not only lead to lower engine speed but will also have 

effects on the stroke length, which in tum influences both the scavenging process and the com

pression ratio. Changing operational variables, such as fuel mass flow or boost pressure, will have 

similar effects. Due to this, a parametric study of the free-piston engine design and operational 

variables is not straight-forward. A number of prerequisites must be decided upon before such 

investigations can be undertaken. 
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In the simulations presented below, TDC and BDC positions are controlled to their nominal 

values by changing the bounce chamber pressure and fuel flow rate respectively. To ensure that 

the comparison is done under comparable operating conditions, the electric load force is adjusted 

to achieve a fuel-air equivalence ratio of 0.60 for all cases. The height of the scavenging ports is 

further adjusted such that a scavenging efficiency of 0.90 is achieved in order to ensure that realistic 

engine designs are compared. Finally, the exhaust valve opening timing and fuel injection timing 

are optimised as described above. 

4.3.2.1 Moving mass 

The engine resembles a spring-mass system and the moving mass is therefore of high importance 

to engine operation, particularly reciprocating speed. A reported concern with the free-piston en

gine generator is developing an electric machine with sufficiently low weight, and it is clear that 

if this cannot be found the engine may not achieve an acceptable power to weight ratio for all 

applications. 

It is expected that an increase in moving mass leads to lower engine speed and therefore a lower 

engine power output. However, lower speed may give more time for scavenging, allowing lower 

scavenging ports height and resulting in closer to constant volume combustion, both increasing 

engine efficiency. It will, however, at the same time lead to higher peak temperatures and pressures, 

which increase heat transfer losses. An optimal engine speed for high efficiency may therefore be 

expected. 
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Figure 4.8: Effects of changes in piston assembly mass on engine performance. 

Figure 4.8 shows the predicted effects of varying piston assembly mass on engine performance. 

It can be seen that the spring-mass analogy is valid, as increasing mass leads to a decrease in engine 

speed and power output. 

The results for engine efficiency show that the predicted optimum moving mass for efficiency 
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is relatively high. This indicates that the requirements of a low-mass electric machine are less 

stringent in a turbocharged diesel-powered free-piston engine, and that acceptable mean piston 

speeds and high efficiency can be achieved even for a high moving mass. 

4.3.2.2 Compression ratio 

The compression ratio is variable during operation in the free-piston engine, but the nominal value 

must be decided at the design stage. The absence of a crankshaft and the associated load-carrying 

bearings may allow the free-piston engine to operate with higher compression ratios than conven

tional engines. Although a higher compression ratio gives higher theoretical cycle efficiency, it 

increases in-cylinder temperatures and pressures, increasing heat transfer losses, emissions forma

tion, and mechanical stress, and these factors effectively determines the maximum possible com

pression ratio. 

Figure 4.9 shows the effects of varying the nominal compression ratio of the free-piston engine. 

The simulations predict that an optimal compression ratio can be found, but only minor effects on 

engine efficiency are found for compression ratios between 15 and 25. 

ilfrFI···:'i·d-"j'~:}i 
I ~2 14 16 16 20 22 24 26 2'i5 

Compression ratio [I) 

I:~'" L±l 
~O.41~": ":" ~ CB 

O'~2 14 16 16 20 2'2 24 26 28 
Compreslion raUo [I) 

Figure 4.9: Effects of varying nominal compression ratio on engine performance. 

An effect that is not obvious is the decrease in engine power output together with increased 

engine speed. The latter is a result of the combustion cylinder "gas spring" being stiffer, which 

increases the bouncing frequency in the mass-spring system. The reduced power output is due to 

the fact that an increased compression ratio leads to an increased expansion ratio, which reduces 

the energy in the exhaust gases. While this may increase engine efficiency, it reduces the boost 

pressure and therefore also engine power output since the simulations are run with constant fuel

air equivalence ratio. In the simulations, the exhaust gas temperature drops by around 8 per cent 

between compression ratios of 15 to 25, giving a reduction in boost pressure by around 4 per cent 

in the same interval. 
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4.3.2.3 Exhaust back pressure 

The exhaust back pressure of an engine is determined by the size of the turbocharger. The effects 

of varying exhaust back pressure on engine performance are investigated below, with the assump

tion that the turbocharger efficiencies are constant for all conditions. An increase in exhaust back 

pressure is assumed to give higher engine speed, since the pressure forces increase. In addition, sig

nificantly higher power output is expected with higher boost pressure, since the engine is running 

at a constant fuel-air equivalence ratio. 

Figure 4.10 shows the effects of varying exhaust back pressure on engine performance. It can 

be seen that along with the expected increase in engine power output and speed, the efficiency 

improves with increasing exhaust back pressure. This is due to the fact that the contribution from 

frictionallosses decreases at higher engine power outputs. 
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Figure 4.10: Effects of changing exhaust back pressure on engine performance. 

Engine performance with higher exhaust back pressures than 180 kPa were not investigated as 

the upper range of the investigated values produced very high peak cylinder pressures (approach

ing 20 MPa). Operation on higher exhaust back pressures with constant fuel-air equivalence ratio is 

therefore not realistic. Further investigations to compare the performance of a highly turbocharged 

engine running at a low equivalence ratio compared to a moderately turbocharged engine running 

at high equivalence ratios may be worthwhile. 

4.3.2.4 Stroke to bore ratio 

The stroke to bore ratio is one of the core design variables in internal combustion engines, relating 

the combustion chamber surface area to its volume and the piston area to stroke length. Con

ventional engines with high stroke to bore ratios, such as those found in marine and stationary 

powerplants, are characterised by high efficiency but low power density. Low stroke to bore ra-
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tios, commonly found in small-scale engines, e.g. in automotive applications, allow higher engine 

speeds, which increase power to weight ratio, but come with a penalty in engine fuel efficiency. 

Figure 4.11 shows the effects of varying stroke to bore ratio on engine perfonnance with the 

engine swept volume kept constant. As expected, higher efficiencies were obtained with an in

creasing stroke to bore ratio. Despite an increase in mean piston speed, the engine output power is 

slightly reduced with increasing stroke to bore ratio due to a reduction in engine speed. 
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Figure 4.11: Effects of varying free-piston engine stroke to bore ratio with constant swept volume. 

4.3.3 Operational variables 

A number of operational variables can be controlled during engine operation, including valve tim

ing and fuel injection timing, as is common in conventional engines. In addition, providing an 

adequate control system can be realised, the stroke in the free-piston engine can be varied by vary

ing the TDC and BDC setpoints. Combined, these may allow extensive operation optimisation 

possibilities for the free-piston engine. 

Control of exhaust valve timing was implemented into the simulation model, and was described 

in Section 4.3. This optimises the opening and closing of the valves at any operating condition and 

the effects of varying exhaust valve timing are therefore not further investigated. 

4.3.3.1 Effect of variable stroke 

The free-piston engine has the potentially valuable feature of variable stroke. This means that the 

compression ratio of the engine can be altered during operation, to optimise engine performance 

for any operating condition. This has been mentioned by a number of authors, and suggested 

advantages include increased part load efficiency and multi-fuel operation possibilities. 

Figure 4.12 shows the effect of changing the TDC setpoint for the engine (the figure shows the 

corresponding effective compression ratio) on engine efficiency at different loads. The simulations 
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show that the optimum compression ratio varies only slightly with load, and no advantage of 

increasing the compression ratio at low loads was found. This result is somewhat unexpected, 

and is due mainly to the influence of the compression ratio on engine speed and turbocharger 

performance, which for a constant engine load leads to variations in the fuel-air ratio. For high 

loads a small increase in efficiency can be seen with increasing compression ratio, and in these cases 

the peak cylinder pressure will limit the maximum compression ratio. The compression ratios for 

which the peak cylinder pressure exceeded 18 MPa are shown in the figure. 
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Figure 4.12: Effects of changing effective compression ratio during engine operation at constant 
load. 

Similar simulations were performed for BOC position, but minor variations in the BOC setpoint 

produced no noticeable effect on engine efficiency. 

4.3.3.2 Fuel injection timing 

Varying the fuel injection timing is widely used as a tool to optimise engine performance and con

trol emissions formation at varying operating conditions. Most modem diesel engines employ 

electronic control of fuel injection timing and technology such as common-rail fuel injection sys

tems make the implementation of this relatively simple. 

Figure 4.13 shows the effects of varying fuel injection timing on the predicted engine efficiency 

for different load levels. The simulations indicate that changes in the fuel injection timing do not 

have a significant effect on engine efficiency. However, a significant increase in the peak in-cylinder 

gas temperature was observed with advanced injection timing, as can be seen in Figure 4.14, and 

this will influence emissions formation. It can be seen that an optimal point of fuel injection for 

high efficiency can be found, and this point varies slightly with load. 

In addition to control of the fuel injection timing for operation optimisation purposes it will 
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Figure 4.13: Effects of varying fuel injection timing for different engine loads. 
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Figure 4.14: Peak in-cylinder gas temperature for varying fuel injection timing. 

be necessary to control injection timing during engine start-up and transient operation. Since the 

reference used to set the fuel injection timing is the measured piston position (equivalent to the 

crank angle in conventional engines), the injection may not be initiated if the piston fails to reach 

the point of fuel injection, for example in the case of a rapid load increase. To avoid the engine 

stopping in such an event, it may be necessary to have a control system advancing fuel injection 

timing in such a situation and retarding it again when the engine reaches steady state operation. 

Engine control issues are discussed further in Chapter 6. 

4.3.4 Different load profiles 

In the simulations presented above the load force from the alternator over the length of the stroke is 

assumed to be proportional to the instantaneous piston speed. This was based on the assumption 

of an electric machine coupled to a constant, purely resistive electric load. As discussed in Section 

2.1.3.5, the load device can have a different force profile if the electric load force is controllable, for 
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example by varying the magnetic field strength or through the use of power electronics, or if the 

load device is of a different type, for example a hydraulic cylinder. It is clear that the load force 

profile will influence engine operation since it directly influences the piston dynamics. The simu

lation model allows the use of any load force profile, and in this section the influence of different 

load force profiles on the operation and performance of the engine will be investigated. 

4.3.4.1 Load force proportional to piston speed 

Figure 4.15 shows the piston motion profile of the free-piston engine for the original configuration, 

compared to a crankshaft engine running at the same speed. Figure 4.16 shows an efficiency map 

of the engine for varying compression ratio and fuel injection timing, with the engine running with 

a constant power output of 50kW. As one would expect, an optimum area of operation can be 

found. These results can be compared to those obtained with different load force profiles in order 

to investigate the influence of this variable. 
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Figure 4.15: Piston motion profile of the free
piston engine with a load force proportional 
to piston speed, compared to that of a con
ventional engine (dashed). 

4.3.4.2 Constant load force 
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Figure 4.16: Engine efficiency map for vary
ing compression ratios and fuel injection 
timing with load force proportional to pis
ton speed. 

A constant load force over the full stroke better represents the properties of a hydraulic load device, 

consisting of a cylinder working against a constant discharge pressure. It may also be possible for 

an electric machine to adopt such a force profile, and this may be beneficial as it would have the 

lowest maximum load force requirements and thereby the lowest translator mass. 

Figure 4.17 shows the piston motion profile of the free-piston engine for a constant load force 

profile, compared to a crankshaft engine running at the same speed. No significant effect on piston 

motion compared to the case with the load force proportional to piston speed was found. Figure 

4.18 shows the engine efficiency map for varying compression ratio and fuel injection timing. Com

pared to the previous changing load force, a constant force over the full stroke can be seen to give 
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a very small decrease in optimum engine efficiency. This is due to the speed of the power stroke 

expansion being slightly lower than in the previous case, giving an increase in heat transfer losses. 
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Figure 4.17: Piston motion profile of the 
free-piston engine with constant load force, 
compared to that of a conventional engine 
(dashed). 

4.3.4.3 Other force profiles 
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Figure 4.18: Engine efficiency map for vary
ing compression ratios and fuel injection 
timing with constant load force. 

With the use of appropriate power electronics, the electric machine can in theory be controlled to 

have any load force profile. One could, for example, take out all the power on the first half of 

the stroke and then let the piston continue to its outer position with no load. This will, however, 

effectively double the required generator force, which will significantly increase the mass of the 

translator. This may still be worthwhile if the performance benefits of such an operational strat

egy outweigh the potential drawbacks of an increased moving mass. Moreover, other load devices 

may have such characteristics (for example will the load in an air compressor be extracted predom

inantly in the last half of the stroke), and an investigation into the influence of the load force profile 

on engine performance is therefore worthwhile. 

The mentioned example, taking out all the power on the first half of the stroke, is likely to lead to 

a lower piston speed just after roc and thereby a slower power stroke expansion, whereas taking 

out all the power in the last half of the stroke would have the opposite effect. Manipulating the 

piston dynamics in this way may influence factors such as the volume change during combustion, 

the time spent in the high temperature parts of the cycle and, in the other end of the stroke, the time 

available for scavenging. Although the load force is subordinate to the pressure forces from the 

cylinders, and thereby only has limited influence on the piston dynamics, some effects on engine 

performance is expected. 

First half of stroke Figure 4.19 shows the piston motion profile when extracting all the load in the 

first half of the stroke (i.e. in the upper half, around TDC). It can be seen that the expansion process 
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in this case is slower than in the previous cases and that this takes almost half of the total cycle 

time, making the piston motion nearly symmetric, like in the crankshaft engine. Figure 4.20 shows 

the engine efficiency map for this case. Compared to the force profiles investigated previously this 

force profile can be seen to give slightly lower efficiency, however the differences are minimal. 
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Figure 4.19: Piston motion profile of the free
piston engine With constant load force over 
the first half of the stroke, compared to that 
of a conventional engine (dashed). 
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Figure 4.20: Engine efficiency map for vary
ing compression ratios and fuel injection 
timing with constant load force over the first 
half of the stroke. 

Last half of stroke Figure 4.21 shows clearly the faster expansion when the power is extracted 

over the last half of the stroke, as one would expect. This leads to a higher degree of asymmetry 

in the piston motion profile and a larger difference between the time spent in the compression part 

of the cycle and that spent in the power stroke expansion. Figure 4.22 shows the engine efficiency 

map for this case. Slightly higher efficiency can be seen for this case, due to lower heat transfer 

losses resulting from the faster combustion. As above, the differences are only minor between this 

case and the original. 
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Figure 4.21: Piston motion profile of the free
piston engine with constant load force over 
the last half of the stroke, compared to that 
of a conventional engine (dashed). 

Figure 4.22: Engine efficiency map for vary
ing compression ratios and fuel injection 
timing with constant load force over the last 
half of the stroke. 
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4.3.5 Conventional engine simulation and comparison 

To investigate the effects of the particular operating characteristics of the free-piston engine com

pared to conventional engines, a crankshaft engine simulation subroutine was implemented in 

the simulation model. The subroutine uses the simulation results for a given free-piston engine 

configuration and runs a subsequent simulation for an engine with the same configuration and op

erational variables (bore, stroke, boost pressure, injected fuel mass etc.), but with a piston motion 

equal to that of a conventional engine (Le. a crankshaft-driven motion that is not influenced by the 

in-cylinder pressure). 

Using such an approach, some insight into potential performance differences between the free

piston and conventional engines can be gained. It should, however, be noted that the current 

simulation model was unable to predict effects of the piston motion profile on the gas motion 

in the combustion chamber. Differences in the gas motion will influence the combustion process 

and in-cylinder heat transfer, and the results presented in this section should therefore be taken 

as indicative only. Differences in the in-cylinder processes between free-piston and conventional 

engines will be investigated in detail in Chapter 5. 

The optimum point of fuel injection differs between the two engines due to the differences in 

piston motion profile, and in order to obtain a realistic comparison each engine was investigated 

with the injection timing giving the best fuel efficiency. These optimum values were identified 

through simulation studies and it was found that the free-piston engine required a slightly ad

vanced injection timing compared to the conventional engine. 

0.52,---.---.-----.---.-----.---.....---, 

. . 
0.51 ........... : ............ ' ........... '!' .......... ~'.: ... .: .. .:=:.:.:;.;;.;.~ ___ --, 

E: 0.5 ........... ; ............ ;........ .. ..... , ........ .,:,,. - - "':',:-~.-:-.~.~.~ .. .. .. . 
~. ~-~ 
.~ 0.49 ........... \.... ... ; .. ~.;.;" ... ~.< ...... ; ........... ; ............ ; .......... . 
~ : "f i 0.48 . / ..... ; .......... " ................................... . 

. ~ ,~': 
~ 0.47 .... ~,'.l .......... :· .. "" .. ·"" .. · .. · .. "· 

0.46 

, , 
- Free-piston 
- - - Conventional 

0.45l:-~"-:--...i..--...i..._....i....-..:=====:::::i::::::::::=.J 
0.4 0.45 0.5 0.55 0.8 0.65 0.7 0.75 

Fuel-alr equivalence ratio (1) 

Figure 4.23: Indicated efficiency of the free-piston engine compared to a conventional engine for 
varying load levels. 

Figure 4.23 shows the simulated indicated efficiency of the free-piston engine compared to an 

identical conventional engine for varying engine load level (fuel-air equivalence ratio). The com-
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parison is done on the basis of indicated (in-cylinder) values, since no assumptions have been 

made for the mechanical efficiency of conventional engines. A slight fuel efficiency advantage is 

predicted for the free-piston engine over the full load range, and it will be shown below that this is 

due to reduced heat transfer losses. In addition to this there are potentially lower frictional losses 

in the free-piston engine which will improve fuel efficiency further. 

4.3.5.1 In-cylinder gas temperature and heat transfer losses 

The fast power stroke expansion of the free-piston engine reduces the amount of time spent in 

the high-temperature parts of the cycle, and this possibly reduces in-cylinder heat transfer losses 

and temperature/time-dependent emissions formation. Using the simulation model, the predicted 

heat transfer rate from the cylinder and the in-cylinder gas temperature was compared for the free

piston engine and for an equivalent conventional engine. 

Figure 4.24 shows the simulated in-cylinder gas temperature and the total heat lost to in-cylinder 

heat transfer for one cycle, where the latter is shown as a fraction of the injected fuel heat. The 

graphs are synchronised around the start of combustion. It can be seen that both the peak temper

ature and the temperature levels during expansion is lower in the free-piston engine, and that this 

results in lower heat transfer losses. The simulations predict that 17.4 % of the fuel heat is lost to 

in-cylinder heat transfer in the free-piston engine. For the conventional engine this value is 18.7%. 
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Figure 4.24: In-cylinder gas temperature and heat transfer losses in free-piston and conventional 
engines. 

The simulations further show that the fast expansion of the free-piston engine results in it spend

ing less time in the parts of the cycle where the in-cylinder gas temperatures are high. The amount 

of time per cycle that the gases in the free-piston engine hold a temperature of above 1500 K is 89 % 

of that in the conventional engine. (This time period is equal to 10.1 % of the cycle time in the free-
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piston engine and 11.3 % in the conventional engine.) For temperatures of above 2000K, this value 

is 83 % (with such temperature levels occurring for 4.5 % and 5.4 % of the cycle time respectively). 

In addition to reducing heat transfer losses, this particular feature of the free-piston engine may 

lead to a reduction in the formation of temperature/time-dependent emissions, most importantly 

nitrogen oxides. 

4.3.6 Model uncertainties 

The simulation model was partially validated against a conventional engine, and some uncertain

ties will exist in analyses like the one presented here. A particular concern that was noted was the 

use of models developed for conventional engines in the modelling of a free-piston engine. Re

ported experimental work on free-piston engines suggests differences in the combustion process, 

and the modelling of the engine friction in the present study was based on an estimated breakdown 

of friction mechanisms in conventional engines. Furthermore, it is known that some variation ex

ists between the predictions obtained from different in-cylinder heat transfer correlations [92]. It 

was therefore worthwhile to investigate the influence of changes in the submodels in these areas 

and their effects on overall engine performance predictions. 

4.3.6.1 Effect of fuel bum rate 

Figure 4.25 shows the effect of changing fuel bum rate on engine performance. In addition to 

changing the total time allowed for combustion (but not the fuel bum pattern) in Equation 4.4, the 

effect of assuming that all the fuel bums in a single, pre-mixed phase is shown. Such an approach 

was adopted by nkkanen et a1. [95] and has been supported by experimental results from the same 

group and from Somhorst and Achten [90]. 
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Figure 4.25: Effect of total time for combustion (TTFC) on engine performance predictions. 
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Some influence on engine performance can be seen and a more rapid combustion will, as ex

pected, improve engine performance. It is further seen that the optimum compression ratio does 

not change Significantly with varying fuel bum rate, indicating that the variable compression ratio 

may be less beneficial than expected. It should, however, be noted that changing the compression 

ratio will influence factors that are not predicted here, such as squish effects, which are likely to 

influence the performance of the engine. 

The simulations showed that for high load (fuel-air equivalence ratio of around 0.70), most of 

the fuel has been burned within around 2 ms with total time for combustion in Equation 4.4 set to 

5 ms. With total time for combustion set to 3 ms most of the fuel bums in around 1.5 ms. Somhorst 

and Achten [90] reported fuel bum rates even higher than this, stating that 90 % of the combustion 

in their free-piston engine finishes within 1 ms. Figure 4.25 showed that the effect of a higher fuel 

bum rate is an improvement in engine fuel efficiency. 

4.3.6.2 Friction and heat transfer losses 

Figures 4.26 and 4.27 show the effects of changes in the friction and heat transfer submodels. In the 

simulations the heat transfer coefficient and the friction mean effective pressure were changed by 

a factor as shown in the figures with other engine variables held constant, in order to investigate 

their influence on the overall predictions. It can be seen that minor errors in any of these have only 

limited effects on the overall engine performance predictions. A 10 % error in one of the two will 

produce approximately a 0.5 percentage point error in overall engine efficiency predictions. 
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Figure 4.26: Effects of varying heat transfer predictions on simulated engine performance. 
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Figure 4.27: Effects of varying frictional losses on simulated engine performance. 

4.4 Summary 

This chapter presented the derivation of a detailed simulation model for the free-piston engine 

generator presented in Chapter 3. Extensive simulation results were presented, giving insight into 

the basic performance of the engine and the effects of engine design parameters and operational 

variables on engine performance. 

It was found that the design and operational variables of the free-piston engine are highly in

terconnected, and the changing of one input parameter in the simulation model influences most 

operational variables. ~ue to the variable stroke, this occurs to a higher degree than what one 

would expect in a conventional engine. 

The trends observed from the simulation results indicate that the heat transfer losses during 

the high-temperature parts of the cycle are the more influential mechanism determining engine 

efficiency, compared to the advantages of lower piston speeds during combustion. Both in the 

comparison between free-piston and conventional engines and in the free-piston simulations it was 

seen that a faster power stroke expansion leads to improved engine efficiency due to reduced heat 

transfer losses. This indicates that close to constant volume combustion is achieved for all cases. 

The mass requirements for the electric machine, a concern with the free-piston engine generator 

often mentioned by other authors, were found to be less stringent in the current design, due to 

higher operating pressures. 

It was further found that the free-piston engine has potential advantages over conventional 

technology in terms of fuel efficiency as a result of mechanical simplicity and faster power stroke 

expansion. Shorter time at elevated temperatures may reduce the formation of exhaust gas emis

sions, however this must be verified through more detailed modelling or experimental testing. The 

flexibility of the variable stroke was not found to give significant advantages for normal engine 

operation, a result that was somewhat unexpected. 
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Chapter 5 

Multidimensional modelling of 
free-piston engine performance 

Some advantages with free-piston engines compared to conventional technology are obvious, such 

as reduced frictional losses due to a simpler design and fewer moving parts. Other potential ad

vantages, including increased combustion efficiency and reduced exhaust gas emissions, have been 

claimed by free-piston engine developers and were discussed in Sections 2.1.3.7 and 4.1.1. How

ever, very few reported studies have investigated the influence of the particular free-piston design 

and operating characteristics on the in-cylinder processes, and a detailed investigation into this is 

therefore worthwhile. 

Many factors influence the combustion and emission formation in combustion engines, making 

accurate predictions of these processes extremely complex. In this chapter, details of free-piston 

engine in-cylinder processes will be investigated and directly compared to those of conventional 

engines in order to identify potential advantages or disadvantages with the free-piston engine con

cept. 

Parts of the work presented in this chapter were presented by Mikalsen and Roskilly [74,76]. 

5.1 Simulation methodology 

Most reported modelling of free-piston engines is based on zero-dimensional, single-zone models, 

in which the cylinder charge is assumed homogeneous and uniform in temperature and heat is 

added to the charge according to a pre-defined fuel bum rate. (See Section 4.1 for an overview 

of reported work.) While this may be sufficient to model basic engine performance, for example 

in the early stages of a design process, such models do not account for factors such as in-cylinder 

gas motion and cannot accurately predict emissions formation. Moreover, most such models have 

been developed for, and calibrated against, conventional engines, and it is questionable whether 

they are suitable for modelling free-piston engines without modifications. 
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Modem computational fluid dynamics (CFD) codes provide powerful tools to investigate the 

highly complex interaction between in-cylinder gas motion, heat transfer, combustion and chem

ical kinetics in internal combustion engines, and such codes are widely used in engine research. 

Although computationally intensive, CFD codes are particularly well suited for comparative stud

ies such as the one presented here, where effects of single parameters are to be investigated with 

other variables constant. 

5.1.1 OpenFOAM 

The simulations in this work were performed using the open source CFD toolkit OpenFOAM [68]. 

Written in the object oriented C++ programming language and released under the GNU GPL li

cence OpenFOAM gives the user considerable power to modify the code to suit specific needs, for 

example with the implementation of new submodels or modification of existing solvers. Solvers 

for a wide range of applications are implemented in the toolkit, including fluid flow, electromag

netics, solid mechanics and combustion. Implemented in the toolkit are the Weller model [l05] 

for premixed combustion, the Chalmers PaSR model for diesel combustion [78J and a CHEMKIN

compatible chemistry solver. Jasak et a1. [57J described the toolkit and presented examples of the 

simulation of pre-mixed spark ignition combustion as well as diesel spray and combustion. 

Also included in the toolkit are utilities for pre- and post-processing, such as mesh generation 

and visualisation of results, the latter based on the open source visualisation application Para View. 

5.1.2 Modifications to the OpenFOAM code 

Mesh motion functionality for simulation of piston motion in conventional engines is provided 

with the OpenFOAM code. The piston dynamics of a free-piston engine were investigated in Chap

ter 4, and it was found that the piston motion in the free-piston engine differs significantly from 

that of a conventional engine. The predicted piston motion profile of a single piston free-piston en

gine compared to that of a conventional engine is shown in Figure 5.1. This piston motion profile 

was described mathematically through least square error fitting to a high-order polynomial and 

implemented into the OpenFOAM code. This allows a direct comparison between the free-piston 

and conventional engines for identical engine design and operating conditions. 

The comparison in Figure 5.1 was carried out on a time basis since the piston motion in the 

free-piston engine cannot be measured in crank angles. However, to allow an easier comparison, 

this time-based piston motion profile was normalised around TDC and mapped on to a crank angle 

scale, and this notation is used in the investigations described below. 

Further modifications to the code and implementation of submodels are described under the 

appropriate headings below. 
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Figure 5.1: Simulated piston motion profile for a single piston free-piston engine and that of a 
conventional engine. (TDC at position 0.) 

5.2 Spark ignited free-piston engine performance 

Spark ignited free-piston engines are likely to possess different characteristics than compression 

ignition engines and it is not obvious that one operating principle is better suited for the free-piston 

engine than the other. Although the free-piston engines developed in the mid-20th century were 

diesel powered, many of the recently proposed free-piston engines have been of the spark ignited 

type. Proposed advantages of spark ignited free-piston engines include multi-fuel capability [25] 

and reduced exhaust gas emissions [13]. Hence, an investigation into the performance of spark 

ignited free-piston engines is worthwhile. 

5.2.1 Challenges with the design 

The free-piston engine is restricted to the two stroke operating principle, since a power stroke is re

quired every cycle. Small two stroke engines, such as those found in small motorcycles, are usually 

port scavenged to keep the design simple and reliable. Operating with a pre-mixed charge, these 

engines suffer from short-circuiting, i.e. that parts of the inlet charge passes through the cylinder 

and out with the exhaust. This gives penalties in both fuel efficiency and exhaust gas emissions, 

and is a major problem for small, spark ignited two stroke engines. For larger applications, where 

engine simplicity is less important, the engine can be designed with exhaust valves in the cylin

der head. This allows the more efficient uniflow scavenging to be employed, which will reduce 

the problem of short circuiting, but this problem will always be present in pre-mixed two stroke 

engines. The emerging technology of direct injection spark ignition (0151), also known as gasoline 

direct injection (GOI) will eliminate this problem. 
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5.2.2 Simulation setup 

A simple piston and cylinder design is sufficient for a comparative study such as the one presented 

here, and a script was written to produce a computational mesh using the mesh generation utility 

supplied with with OpenFOAM. The engine geometry was assumed to be symmetric around the 

cylinder axis, allowing a wedge geometry with cyclic boundary conditions to be used. This simpli

fication reduces the computational costs significantly, and the feasibility of such a setup in a spark 

ignition engine simulation with OpenFOAM was demonstrated by Lucchini [70]. Figure 5.2 shows 

the computational mesh used in the simulations. A mesh sensitivity analysis was carried out to 

ensure the accuracy of the predictions, and the mesh used was a 3O-degree wedge with 9200 cells, 

equivalent to more than 110,000 cells for the full cylinder. 

Figure 5.2: Computational mesh for a spark ignited engine CFO simulation. 

The modelled engine had a 60 mm bore, a 60 mm stroke, a nominal compression ratio of 8:1, and 

the fuel used was iso-octane at a fuel-air equivalence ratio of 1. Combustion was modelled using 

the Weller combustion model [105] with a centrally located spark plug. Turbulence was modelled 

with a standard k-f model with wall functions, and constant wall temperatures were used. As the 

engine was a two stroke, the simulations were run between the point of exhaust ports closing and 

the point of exhaust ports opening. The cylinder charge at the start of compression was assumed 

to be a homogeneous mixture of fuel and air. Swirl was introduced at the start of compression, and 

the swirl level was assumed to be constant for all engine speeds. 

5.2.3 Engine basic performance 

To allow a direct comparison between the free-piston engine and a conventional engine, the engines 

must run at comparable operating conditions. While all the externally set conditions, such as engine 

speed and intake air pressure and temperature, are identical, the optimum ignition timing may vary 

between the two engines. A series of simulations were run to identify the optimum spark timing, 

and all the results presented below are run at maximum brake torque (MBT) ignition timing. (The 

influence of spark timing on engine performance can also be seen below in Figure 5.8.) 

The simulations showed that the free-piston engine requires advanced spark timing compared 
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to the conventional engine, which is likely to be due to the faster expansion just after TOC. Figure 

5.3 shows the spark timing required for maximum brake torque for the two engines. 

Figure 5.3 further shows the predicted indicated efficiency of the two engines. It can be seen 

that the free-piston engine has a slight efficiency advantage over the conventional engine at low 

speeds, but that the efficiency of the free-piston engine drops as the speed increases. This is likely 

due to the effects of volume change during combustion having greater impact at higher speeds. 

Overall, only very small differences in indicated efficiency between the two engines were found. 

This is different to the results for the compression ignition free-piston engine studed in Chapter 4, 

and indicates that the free-piston engine is best suited for diesel engine operation. 
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Figure 5.3: Engine indicated efficiency and MBT ignition timing against engine speed for the free
piston engine compared to a conventional engine. 

Figure 5.4 shows the in-cylinder gas pressure plot for the two engines. It can be seen that 

the free-piston engine has a slightly higher peak in-cylinder pressure, due to the advanced spark 

timing. The pressure drops more rapidly in the free-piston engine due to the faster power stroke 

expansion. 

For some diesel-powered free-piston engines, higher heat release rates compared to conven

tional engines have been reported [2,96]. It has been suggested that this is due to the high piston 

acceleration around TDC, increasing in-cylinder gas velocities and turbulence levels. Although the 

gas motion and turbulence levels in a spark ignition engine are significantly lower than those of 

a diesel engine, any such differences will influence the flame speed and this may have effects on 

engine performance. Figure 5.4 also shows the mass fraction burnt for the two engines as a func

tion of crank angle. With the exception of the advanced spark timing in the free-piston engine, no 

noticeable differences in the fuel bum pattern were found. 
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Figure 5.4: Simulated in-cylinder pressure and mass fraction burnt for the free-piston and conven
tional engines running at 3000rpm, 

5.2.4 Part load performance 

For lean mixtures (mixtures with fuel-air equivalence ratios of less than 1) the flame speed is re

duced, giving a decrease in engine efficiency, Although the flame speed of a mixture peaks for 

slightly rich of stoichiometric conditions, the indicated efficiency usually peaks for slightly lean 

mixtures, since the efficiency also depends on factors such as heat transfer losses and the chemical 

composition of the burnt gases. 

Figure 5.5 shows the predicted part load performance of the two engines. For both engines, the 

efficiency penalty occurs immediately on the lean side of stoichiometric. This is due to the shape , 
of the combustion chamber, giving a relatively long distance for the flame to travel. This poor 

compactness of the combustion chamber penalises even small reductions in flame speed due to 

increased volume change during combustion. The faster volume change around TOC in the free

piston engine makes the efficiency drop more rapidly as the charge is diluted, decreasing its part 

load performance compared to the conventional engine. 

Variable stroke length 

While the compression ratio in a conventional engine is fixed (with the exception of small varia

tions depending on the valve timings and valve flow characteristics), the free-piston engine can be 

designed to allow variation practically without limits. The compression ratio can be varied con

tinuously during engine operation by varying the TOC setpoint, and this may provide operation 

optimisation possibilities at part load. 

The limitation in compression ratio lies in the fuel quality and its knock (self-ignition) charac

teristics, and is commonly between 7:1 and 11:1 for ordinary gasoline fuels [51]. The limitation in 

compression ratio typically occurs for fuel-air equivalence ratios of around 0.9, i.e. slightly lean of 
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stoichiometric. For leaner mixtures, the knock limit increases drastically, and may exceed a com

pression ratio of 15:1 for very lean mixtures [51]. 

Figure 5.5 shows the simulated part load performance of the free-piston engine with such com

pression ratio control. For equivalence ratios, <p, of 0.9 and lower, the compression ratio was in

creased linearly between the nominal 8:1 to 10:1 at <p = 0.7. A small efficiency improvement can be 

seen, however, due to the knock limitations, increasing the compression ratio cannot offset the effi

ciency disadvantage of the free-piston engine. At very low loads, where the compression ratio can 

be increased significantly more, these effects are expected to be higher. However, from an engine 

fuel economy perspective, the load range presented here will be of highest interest. 
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Figure 5.5: Part load efficiency of a free-piston engine, a conventional engine, and a free-piston 
engine with compression ratio control. 

5.2.5 Multi-fuel operation 

The high operational flexibility of the free-piston engine may provide significant multi-fuel possi

bilities. High engine performance can be achieved for a variety of fuels, which allows the opera

tor to select the fuel based on current fuel prices, emission targets or other factors. For example, 

ethanol-gasoline blends are becoming increasingly common and are widely available at petrol sta

tions in many countries. Utilising the variable compression ratio together with modem engine 

technology such as electronically controlled, variable spark timing and accurate knock sensors, the 

engine operation can be optimised based on the properties of a given fuel. 

The most important characteristics of a fuel are flame speed, knock limit and heat content. For 

example, ethanol has a flame speed that is approximately 30 % higher than that of ordinary gasoline 

fuel, in addition to a higher knock limit. Hydrogen has a flame speed that is one order of magnitude 

higher than these fuels. 

It was seen above that the free-piston engine appeared to suffer more from reduced flame speed 
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than a conventional engine. To investigate the sensitivity to, and effects of, flame speed in the free

piston and conventional engines, a correction factor was introduced into the OpenFOAM code to 

modify the calculated flame speed. 

Figure 5.6 shows the effects of varying flame speed on engine performance predictions. It can 

be seen that the free-piston engine has advantages when using fast-burning fuels, since this reduces 

the negative effects of high volume change of the combustion chamber during combustion, but that 

the efficiency drops rapidly for lower flame speeds. One reason for the latter is that the ignition 

timing in the free-piston engine had to be advanced significantly for the combustion process to fin

ish in time, more than in the conventional engine. (The fact that the graphs intersect for a correction 

factor of around one is coincidental.) 
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Figure 5.6: Effects of varying flame speed on engine performance. 

5.2.6 Engine emissions 

The main exhaust gas emissions from spark ignited engines are carbon monoxide (CO), nitrogen 

oxides (NOz ) and unburnt hydrocarbons (HC). In addition to these comes carbon dioxide (C02), 

which is a product of hydrocarbon fuel combustion and can only be reduced by improving fuel 

efficiency or using an alternative fuel. 

He emissions mainly result from incomplete combustion, e.g. in crevices within the cylinder. 

The operational differences between free-piston and conventional engines are not believed to result 

in differences in HC emissions formation, and these are therefore not further investigated here. The 

formation of CO and NOz emissions depend highly on the temperature of the in-cylinder gases 

and the time spent in the high-temperature parts of the cycle, and may therefore be influenced by 

the particular operating characteristics of the free-piston engine. 
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Methodology 

A solver for the chemical composition of the in-cylinder gases was implemented within the Open

FOAM code, based on the approach presented by Olikara and Borman [81]. The equilibrium con

centrations for a set of species were estimated and used to solve the kinetics of NOz and CO for

mation and destruction. 10 species were considered: CO2, H20, N2, O2, CO, H2, H, 0, OH and 

NO. 

Nitrogen oxides The formation of nitrogen oxides in internal combustion engines is kinetically 

controlled and highly temperature dependent, and the formation and destruction of NOz is too 

slow for the gases to reach equilibrium states during the engine cycle. NOz will be formed in 

the parts of the cycle where gas temperatures are high (i.e. around TDC), and, as the gases are 

rapidly cooled during the expansion stroke, the NOz tends to 'freeze' as the reaction rates for NOz 

destruction is reduced with the decreasing temperature. 

The particular operational characteristics of the free-piston engine may influence the NOz for

mation and destruction. Firstly, if the free-piston engine spends less time in the high-temperature 

parts of the cycle, this may decrease NOz formation. Secondly, however, the fast expansion may 

increase the 'freezing' effects, reducing the destruction rate of NOz ' 

The extended Zeldovich mechanism is commonly used to model the formation of nitrogen oxides 

in internal combustion engines. This states that the main reactions governing the formation (and 

destruction) of nitrogen oxides are [51]: 

k+ 
O+N2 ~NO+N 

lei 
k+ 

N+02 ~ NO+O 
ki' 
k+ 

N+OH ~ NO+H 
k; 

Heywood [51] described how these, with the approximation of steady state concentration of N 

and the assumption that the other species are in chemical equilibrium, can be reduced to give the 

formation rate of NO: 

d[NO] = 2k+[OJ[N ] 1- [NO]2/(K[02J[N2]) 
dt. 1 2 1 +k1 [NO]/kt[021+kt[OH] 

where K = (kt Ik1)(kt Ik;;) and the brackets denote species concentrations: Rate constants 

are [51] 
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k+ 
1 7.6 x 1013exp (-3~OO) k-1 1.6 x 1013 

k+ 
2 

( -3150) 6.4 x 109Texp -r k; 1.5 x 109Texp (-1~OO) 

kt 4.1 x 1013 k-3 2.0 X 1014 exp (-2~650) 

where T is the gas temperature. 

Carbon monoxide Carbon monoxide, CO, emissions in spark ignition engines are mainly a prob

lem when the engine is operating with rich mixtures. Carbon monoxide is formed in the high

temperature parts of the cycle, and oxidised to C02 at a rate slower than the formation rate. Hey

wood [51] stated that carbon monoxide concentration stays close to the equilibrium value during 

the combustion and the beginning of expansion, but that it becomes kinetically controlled in the 

last parts of the expansion, where the gas temperatures are lower. Heywood showed that the CO 

concentration remains in approximate equilibrium until around 60 degrees ATDC, and that the CO 

effectively freezes as the exhaust gas exits the cylinder and the oxidation stops due to low tempera

ture. The faster power stroke expansion in the free-piston engine may therefore influence the level 

of carbon monoxide emissions. 

Ramos [85] described the main oxidation reactions for CO: 

k+ 
CO + OH ~ C02 + H 

k; 
k+ 

C02 + 0 ~ CO + 02 
k; 

If the other species are assumed to be in chemical equilibrium, the formation of CO can be 

expressed as 

where 

d[CO] = c - D[CO] 
dt 

C =R1 +R2 

D = Rl +R2 
[COle 

(5.1) 
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where the subscript e denotes equilibrium concentration, and 

Rl =kt[COle[OHle = ki[C02le[Hle 

R2 = kt [C02le [Ole = kS[COle[02le. 

and the rate constants are [12] 

kt 10 (T) 6.76 x 10 exp 1102 

k-5 2.5 x 1012 exp ( -2~O55) 

Chemical equilibrium calculations In order to predict NOx and CO formation, the concentra

tions of a number of other species must be estimated. These are commonly assumed to be in 

chemical equilibrium, and their concentrations can be found using a set of reaction equations with 

appropriate equilibrium constants. For the 8 remaining species, consisting of 4 chemical elements, 

4 independent chemical reactions can be written. The following reactions were chosen [38]: 

~H2~H 
~02~O 

~H2+ ~02 ~ OH 

H2 + ~02 ~ H20 

Together with the four element balance equations this gives eight equations with eight un

knowns. This set of equations was solved using Newton-Raphson iteration. The chemical com

position was solved for each cell in the domain, giving a significant penalty in computational time. 

For this investigation, the simplified mesh and the limited number of simulations required made 

this approach acceptable. 

Engine emissions simulation results 

Figure 5.7 shows the predicted concentration of NOz and CO emissions in the cylinder gases at 

the time of exhaust port opening. As above, the engine simulations were run at MBT ignition tim

ing, with no exhaust gas recirculation and at stoichiometric conditions, giving somewhat high NOz 

emissions levels. Similarly, the predicted CO emissions were lower that what one would expect 
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from an actual engine due to the assumption of a perfectly homogeneous mixture and stoichiomet

ric conditions. It can be seen from the figure that noticeable differences between free-piston and 

conventional engines could be found neither in the NOz nor in the CO emission levels. 
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Figure 5.7: Predicted engine emissions from the free-piston and conventional engines. 

Baruah [13) reported that a significant reduction in NOz emissions could be obtained in the 

free-piston engine due to the fact that the ignition timing could be retarded with low penalties in 

engine efficiency. It was shown above that the MBT ignition timing is advanced in the free-piston 

engine compared to the conventional engine, and it was found that the free-piston engine has no 

advantages in terms of emissions compared to conventional engines at MBT spark timing. Simula

tions were run to investigate the sensitivity of the free-piston engine to changes in the spark timing 

compared to that of a conventional engine, and the effects of spark timing on engine emissions. 

35~----~------~----~------~----~ 

=:32.5 

--Free-piston 
- • - Conventional 

-5 0 5 10 15 
Spark timing [degrees atter MBT] 

Figure 5.8: Engine sensitivity to changes in spark timing and effects on NOx emissions formation. 

Figure 5.8 shows the effects of advancing or retarding spark ignition timing for both engine 

types. It can be seen that the efficiency penalty of retarding spark timing is similar for the two 
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engines, but that the free-piston engine benefits slightly more from this in terms of NOx emissions 

than the conventional engine. 

5.2.7 Summary 

The performance of a spark ignited free-piston engine was simulated and directly compared to that 

simulated for a conventional engine of identical design. The aim of the work was to investigate po

tential advantages of the free-piston engine and identify effects of the particular piston motion pro

file of such engines. The simulations showed only minor differences in engine performance, and no 

thermodynamic advantages were identified. It was found that the free-piston engine suffers more 

from reductions in flame speed, such as that occurring at part load operation. The variable com

pression ratio in the free-piston engine could only partly compensate for this, due to the fuel knock 

limit. For faster-burning fuels, the free-piston engine showed a slight performance advantage over 

the conventional engine. 

Carbon monoxide and nitrogen oxide emissions were investigated but only minor differences 

were found between free-piston and conventional engines. The free-piston engine was found to 

benefit slightly more from retarded spark timing with regards to nitrogen oxide emissions, but the 

advantages over conventional engines suggested by other authors could not be identified. 

The variable compression ratio in the free-piston engine provides extensive operation optimi

sation possibilities if operating on varying fuels. The multi~fuel possibilities are, in addition to the 

reduced frictional losses from the simple free-piston design, considered the main advantages of 

this concept. The feasibility of a pre-mixed, two stroke free-piston engine was also questioned due 

to the potential challenges in achieving efficient scavenging in a such an engine. 

5.3 Free-piston diesel engine performance 

The mid-20th century free-piston engines were without exception diesel engines, and the engine 

investigated in this work, described in Chapter 3, was a diesel engine aimed for large-scale ap

plications. Diesel engines differ from spark ignited engines in several respects, one of the most 

important being the influence of gas motion within the cylinder on the combustion process. The 

operating characteristics of the free-piston engine may influence this, and other authors have re

ported experimental results suggesting differences in the in-cylinder processes between free-piston 

and conventional engines. Notably, enhanced in-cylinder gas motion in the free-piston engine has 

been suggested, giving advantages of improved fuel-air mixing, faster combustion, and reduced 

emissions formation. A detailed investigation into the differences between free-piston and conven

tional diesel engines is therefore of interest. 
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5.3.1 Free-piston engine combustion 

Although discussed briefly by some free-piston engine developers, very few studies investigating 

the details of the combustion process in free-piston diesel engines have been reported. Some reports 

suggesting differences in the combustion process and performance between free-piston engines 

and conventional engines exist, however they are mainly based on experimental from free-piston 

engines (or prototypes of such engines), and do not present a direct comparison to conventional 

engines. 

The differences in the piston motion profile between the free-piston engine and conventional 

engines have been documented by a number of authors, and the free-piston engine is known to 

have higher piston acceleration around TDC and a faster power stroke expansion. This may, as 

discussed in Section 2.1.3.7, influence the in-cylinder gas motion and the combustion process and, 

consequently, the performance of the engine. 

5.3.1.1 The combustion process in free-piston diesel engines 

Somhorst and Achten [90] investigated the combustion process in a hydraulic free-piston engine 

and reported differences when comparing the results to those of a conventional engine. The au

thors stated that most of the fuel in the free-piston engine bums in the pre-mixed phase, resulting 

in a very high rate of heat release with pressure gradients of two to five times those of a compa

rable conventional engine. It was suggested that this is due to the high piston velocities around 

TDe, increasing in-cylinder gas motion and turbulence levels [2,90]. Tikkanen et al. [96] reported 

the same behaviour in a dual piston free-piston engine and stated that combustion takes place 

predominantly in a single, pre-mixed phase. 

Free-piston engine combustion was also studied in the mid-20th century free-piston engines 

and differences when compared to conventional engines are reported by a number of authors. Dis

cussing the free-piston engine multi-fuel possibilities, Flynn [61] described the successful operation 

of a free-piston engine on a range of fuels including gasoline, diesel fuel, crude oil and even veg

etable and animal oils, and stated that lilt seems that these engines do not care whether they get fuel 

with octane or cetane numbers". Fleming and Bayer [39] reported abnormal combustion leading 

to mechanical problems in the free-piston engine, and stated that thermodynamic models had to 

be modified to fit free-piston engine data due to long ignition delays and high heat release rates. 

The authors described how the performance was improved with changes made to the injection 

system. Fleming and Bayer further compared the operational sensitivity of the free-piston engine 

and a conventional engine to external parameters, and stated that when recreating the conditions 

under which the free-piston engine was successfully operated in a conventional engine, this engine 

would not run. 
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5.3.1.2 HCCI mode operation 

The operational flexibility of the free-piston engine, with its variable compression ratio and lower 

requirements for accurate ignition timing control, suggest that this concept is well suited for alter

native fuels and homogeneous charge compression ignition (HeCI) operation. A particular feature 

of the free-piston engine is that the combustion work contributes to the work required to slow 

down the piston around TOC and accelerate it downwards. Hence, a delay in the pressure rise 

from combustion (late ignition) will delay the speed reversal at TOC and give an increased com

pression ratio, whereas an early pressure rise will reduce the maximum compression ratio. Due 

to these self-regulatory characteristics, the free-piston engine will be less sensitive to variations 

in ignition timing, which is the main challenge associated with the use of HCCI in conventional 

engines. 

The successful operation of a free-piston diesel engine in direct injection HCCI mode was de

scribed by Hibi and Ito [52). Theoretical and computational investigations into the concept were 

presented by among other Kleemann et al. (64), Fredriksson [40] and Golovitchev et al. [45]. As 

this investigation is concerned only with conventional diesel operation, the reader is referred to the 

reports mentioned above for further information on HCCI free-piston engines. 

5.3.2 Simulation setup 

An engine with the same design and identical design variables as that investigated in Section 4.3 

was chosen and a CFD simulation case was set up using OpenFOAM. A standard bowl-in-piston 

configuration was assumed and a computational mesh, shown in Figure 5.9a, was created. The 

design had a bowl diameter to bore ratio of 0.60 and a minimum clearance between the piston and 

cylinder head of 2 mm (equal to 1.33 % of the stroke length). The piston and cylinder were de

signed to be symmetric around the cylinder axis, allowing a wedge geometry with cyclic boundary 

conditions to be used. An eight-hole injector was assumed, and the mesh represented a sector of 

45 degrees (1/8 of the cylinder) and consists of 60,000 cells, equivalent to 480,000 cells for the full 

cylinder. 

In addition, a low-squish configuration of similar design but with a bowl diameter to bore ratio 

of 0.75, shown in Figure 5.9b, was defined to investigate the influence of the piston and cylinder 

design on the free-piston engine performance. 

Turbulence was modelled with a standard k-e model and swirl was introduced at the start of 

compression with a swirl/rpm ratio of 3.0. As the engine operates on a two-stroke cycle, the sim

ulations were run from the point of inlet ports closure (approximately 130 degrees before top dead 

centre). 



110 

(a) Basic bowl-in-piston configuration. 

(b) Low squish bowl-in~piston configuration. 

Figure 5.9: Computational meshes describing the investigated piston geometries. 

5.3.2.1 Model validation 

A grid sensitivity analysis was performed to ensure the accuracy of the predictions and the inde

pendence of the solution from the mesh density. The validity of the simulation model was further 

investigated by modelling a Volvo TAD1260 diesel engine and comparing the predictions to exper

imental data from this engine. The Volvo engine has main design parameters similar to those of the 

free-piston engine investigated here, and the simulation results showed good agreement with the 

experimental data. 

5.3.3 Simulation results 

A number of simulations were run with the aim of identifying potential differences in the in

cylinder processes between free-piston and conventional engines. Cold-flow simulations (full en

gine cycles without fuel injection) were performed to investigate the influence of the piston motion 

profile on the in-cylinder gas motion. Fuel injection was subsequently introduced to investigate 

differences in the combustion process. 

5.3.3.1 In-cylinder gas motion 

In-cylinder gas motion has a high influence on engine performance in both spark ignition and 

compression ignition engines. The in-cylinder flow during combustion directly affects the fuel-air 

mixing, the combustion process and the heat transfer between the gases and cylinder walls, which 

all influence engine efficiency and emissions formation. In diesel engines, high in-cylinder gas 

, velocities are generally desireable because the performance advantages due to increased fuel-air 

mixing and faster combustion usually outweigh the additional in-cylinder heat transfer losses and 

pumping losses in the intake system. The intake system (valves and/or ports), piston crown and 
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cylinder head in modern engines are therefore carefully designed to optimise engine performance. 

In-cylinder gas motion is typically divided into swirl effects and squish effects. Swirl is the 

rotational motion of the in-cylinder gases around the cylinder axis, and is a result of the intake 

system giving the gases an angular momentum as they enter the cylinder. In diesel engines the 

effects of swirl are commonly enhanced by using a bowl-in-piston design which forces the gases in 

towards the centre of the cylinder axis as the piston approaches TOC. The angular momentum of 

the gases is preserved, resulting in an increase in gas velocity. 

Squish is the radial (inwards) motion of the gas as it is forced into the cylinder bowl when the 

piston approaches TOC and the clearance to the cylinder head decreases. For engines with a wide 

squish band (i.e. a low bowl diameter to cylinder bore ratio) and small clearance between the piston 

and cylinder head, the squish effects can be significant. These effects depend heavily on the piston 

velocity. 

A detailed discussion on in-cylinder gas motion and its effects on engine performance was pre

sented by Heywood [51]. Numerous studies of the fluid flow in internal combustion engines using 

CFO techniques have been presented. A comprehensive overview was presented by Arcoumanis 

and Whitelaw [8]. 

Gas motion in the free-piston engine It has been suggested that the reported differences in the 

combustion process between free-piston and conventional engines are related to the in-cylinder gas 

motion. Such differences are likely to be found mainly in the squish effects, since swirl levels are 

decided predominantly by the initial swirl generated by the intake system. The swirl momentum 

losses during the compression stroke will not be largely influenced by the piston motion profile 

differences between the free-piston and conventional engines. 

The squish effects occur at the last stages of the compression stroke, where the clearance be

tween the piston and cylinder head decreases rapidly, and depend heavily on the instantaneous 

piston speed. 

Figure 5.10 shows the predicted piston speed for the free-piston engine and a conventional 

engine plotted against piston position. It can be seen that the piston speed in the conventional 

engine is higher than that of the free-piston engine for most of the compression stroke but that 

the free-piston engine piston speed is slightly higher very close to TOC. Differences in the squish 

effects between the two engines may therefore be expected. 

As the piston is reversed at TOC and accelerates downwards, a low-pressure region above the 

squish band is created and gas from the piston bowl flows back towards the cylinder liner region. 

This reverse squish is critical for the last stages of combustion when the swirl levels have decayed 

[8]. The faster power stroke expansion in the free-piston engine may enhance this effect, and this 

may benefit the combustion process in the free-piston engine. 
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Figure 5.10: Predicted piston speed for the free-piston engine and a comparable conventional en
gine. 

In-cylinder flow simulations A series of simulations were run over a range of engine speeds 

and for varying initial swirl levels with the two computational meshes. It was found that the 

differences between the two engine designs were present for all investigated cases, and that the 

relative differences in gas motion were not largely influenced by these variables. 

Figure 5.11 shows the predicted in-cylinder gas motion in the upper half of the cycle (i.e. around 

TOC) for the free-piston engine and a conventional engine with the same piston and cylin~er de

sign. Figure 5.11a shows the average in-cylinder gas velocity in the two engines. The two main 

contributors to the gas motion are the swirl and the displacement of gas as the piston moves. At 

the start of compression the average gas velocities in the two engines are equal, however since 

the piston velocity in the compression stroke is higher in the conventional engine the average gas 

velocities are higher. It can further be seen how the swirl decays rapidly around TOe. After TOe 

the higher piston velocity in the free-piston engine leads to slightly higher average gas velocities. 

Overall, however, only minor differences are found. 

Figure 5.11b shows the average radial (inwards) velocity of the in-cylinder gases, or squish. At 

the start of compression this value is equal to zero but as the cylinder volume and shape change, 

gas flows in the radial direction, into or out of the piston bowl. Slightly higher squish effects can be 

seen in the free-piston engine during the late stages of compression, with the average radial velocity 

being around 15 % higher than that in the conventional engine. The reverse squish, occurring early 

in the expansion stroke, can be seen to be markedly higher in the free-piston engine, with the peak 

average radial velocity being around 30 % higher than that in the conventional engine. It was found 

that in order to achieve a level of squish and reverse squish equal to that of the free-piston engine 

operating at 1500 rpm (25 Hz), the speed of the conventional engine had to be increased to around 

1900 rpm. 
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Figure 5.11: Predicted in-cylinder gas motion. 

Figure 5.12 shows the similar plots for the low-squish combustion chamber. The same trends 

as above can be seen, and it is clear that the differences between the free-piston engine and the 

. conventional engine is not largely influenced by the piston design. 

5.3.3.2 The combustion process 

Having investigated in-cylinder gas motion, fuel injection was introduced in order to investigate 

effects of the piston motion profile on the combustion process in the free-piston engine. The com

bustion process depends on a number of factors, one of the most important being the fuel injector 

properties. A standard common rail injection system was assumed and appropriate specifications 

such as injection pressure, nozzle diameter and fuel mass flow profile were chosen. An injection 

duration of 25 crank angle degrees was assumed, and the fuel used was n-heptane, C7H16. Com

bustion was modelled with the Chalmers PaSR model [78] and the chemistry model consisted of 15 

species and 39 reactions. The full chemical mechanism used is shown in Listing A.t in Appendix 

A. For details of the modelling of sub-processes such as the fuel spray and chemical kinetics in 

Open FOAM, the reader is referred to [57) and [68]. 
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Figure 5.12: Predicted in-cylinder gas motion for low-squish piston. 

Fuel injection timing In order to evaluate the performance of the engines under comparable 

operating conditions, the fuel injection timing must be set individually for the crankshaft and free

piston engines. Previous work has indicated that in spark ignition free-piston engines, the spark 

timing has to be significantly advanced compared to the conventional engine due to the faster 

power stroke expansion. Zero-dimensional modelling of the current engine indicated that the fuel 

injection timing in the free-piston diesel engine should be slightly advanced when compared to 

that of a similar conventional engine [75}. 

Simulations were run to investigate the influence of fuel injection timing and identify the opti

mum fuel injection timing for both engines, where optimum timing refers to the start-of-injection 

timing giving the highest indicated efficiency, i.e. maximum net work produced by the cycle. (This 

is also known as maximum brake torque, MBT, timing.) It was found that the optimum timing 

differs only very little between the free-piston and the conventional engines, with the free-piston 

engine requiring a slightly more advanced injection timing. The injection timing found for opti

mum efficiency were -21 and -19 crank angle degrees ATDC for the free-piston and conventional 

engines respectively. 

In a real engine, the injection timing is likely to be retarded slightly compared to this value in 

order to reduce exhaust gas emissions formation and avoid excessive in-cylinder gas pressures. 
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This is acceptable because retarding the injection timing can reduce the peak in-cylinder gas tem

peratures significantly, with only minor penalties in fuel economy. In the free-piston engine the 

effects of retarding fuel injection may, however, be different than in the conventional engine due to 

the faster power stroke expansion. 

Figure 5.13 shows the predicted effects of variations in the fuel injection timing on engine per

formance. It can be seen that the free-piston engine is slightly more sensitive to changes in injection 

timing. 
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Figure 5.13: Effects of variations in fuel injection timing (relative to MBT timing) on engine perfor
mance. 

The figure also shows that a slight efficiency advantage was predicted for the free-piston en

gine compared to the conventional engine. This is consistent with earlier findings [75], and is due 

mainly to the free-piston engine spending less time in the high-temperature parts of the cycle which 

reduces in-cylinder heat transfer losses. It shows that the reduced heat transfer losses outweigh the 

disadvantages associated with increased volume change during combustion in the free-piston en

gine. 

Combustion progress Figure 5.14 shows the predicted in-cylinder gas pressure and the heat re

lease rate for the free-piston and conventional engines with the optimum injection timing. It can 

be seen that ignition takes place later in the free-piston engine despite the earlier injection, which 

is due to a longer ignition delay. This results in a higher initial burn rate, since the amount of fuel 

that burns in the pre-mixed phase depends on the ignition delay. 

The reason for the longer ignition delay is the piston motion profile of the free-piston engine, 

with a higher piston speed and a more rapid compression close to TOC, which lead to a lower 

compression ratio at the start of injection. It was found that the state of the air within the cylinder 

at the start of fuel injection was around 35 bar and 820 K for the free-piston engine and 42 bar and 
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Figure 5.14: Predicted in-cylinder gas pressure and heat release rate at MBT injection timing. 

855 K for the conventional one. 

The trend of an increased heat release rate in the pre-mixed phase is consistent with the exper

imental findings of Achten et al. [2J, likkanen et al. [96J and Fleming and Bayer [39J, discussed 

previously. It should be noted that, as the simulated engine was turbocharged, the ignition delay 

and the fraction of fuel burnt in the pre-mixed phase was lower than what would be expected in a 

naturally aspirated engine. Hence, for a non-turbocharged engine one would expect these effects 

to be more dominant. 

With the exception of the longer ignition delay, no significant differences in the combustion 

process were found. The enhanced squish and reverse squish were not found to have any noticeable 

influence on the progress of the combustion process, and the fuel bum rate in the late stages of 

combustion can be seen to be similar for the two engines. 

Figure 5.15 shows the pressure plot and heat release rate for the engines with the fuel injec

tion timing retarded by 6 crank angle degrees compared to the optimum one. In this case the 

compression ratio at the start of injection is similar for the two engines, leading to comparable igni

tion delays, and Figure 5.15b shows that no noticeable differences can be found in the combustion 

progress. 
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Figure 5.15: Predicted in-cylinder gas pressure and heat release rate for retarded injection timing. 

5.3.3.3 Predicted engine exhaust gas emissions 

The main exhaust gas emissions of concern from an environmental and health perspective pro

duced by diesel engines are nitrogen oxides and particulates, of which nitrogen oxides, NOZI are 

usually regarded the most critical in large scale engines. Both particulates and NOx are formed 

mainly during the diffusion combustion phase, and their formation depends heavily on the local 

temperature and concentration of fuel and oxygen in the reaction zone. 

The formation of these emissions may be influenced by the operating characteristics of the free

piston engine in two ways. Firstly, the differences in in-cylinder gas motion may influence the 

fuel-air mixing and temperature distribution within the cylinder. Secondly, the faster power stroke 

expansion reduces the time available for emissions formation. 

A more comprehensive study with a more detailed chemistry model is required to fully inves

tigate the details of emissions formation in the free-piston engine, such as the trade-off between 

particulates, NOx emissions and engine efficiency. However, the current simulated chemical mech

anism includes the main formation equations for NO:!: (the extended Zeldovich mechanism), and 

some indications of potential differences in the formation of nitrogen oxides between free-piston 

engines and conventional engines could therefore be obtained with the current simulation setup. 

Figure 5.16 shows the predicted concentration of nitrogen oxide, NO within the cylinder for 



118 

the free-piston and conventional engines. A significant emissions reduction potential can be seen 

for the free-piston engine. The free-piston engine also appears to benefit more from the retarded 

injection timing, however it should be noted that the efficiency penalty is higher for this engine, as 

shown in Figure 5.13. 
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Figure 5.16: Predicted average in-cylinder NO concentration. 

A number of factors influence the NO formation, including the fuel injection timing, the in

cylinder gas motion, and the temperature and pressure reduction from the expansion. A more 

detailed investigation is therefore required to identify details of the emissions formation in free

piston engines and potential advantages over conventional engines. The formation of other exhaust 

gas emissions, most importantly particulates, should also be investigated. The results presented 

here suggest that a more detailed study will be worthwhile. 

5.3.4 Summary 

The in-cylinder gas motion, combustion process and nitrogen oxides formation in a free-piston 

diesel engine was investigated. The results were compared to those predicted for a similar conven

tional engine in order to identify potential differences in engine performance. 

The piston motion profile in the free-piston engine was found to influence in-cylinder gas mo

tion to some degree, with potential advantages of enhanced squish and reverse squish effects. The 

combustion process was not found to be largely influenced by this, however increased ignition 

delays were found in the free-piston engine due to a lower compression ratio at the start of fuel in

jection. A slight fuel efficiency advantage was found for the free-piston engine, which is consistent 

with the findings in Chapter 4. 

The nitrogen oxides formation in free-piston and conventional engines was briefly investigated, 

and potential advantages for the free-piston engine were found. It was stated that a more detailed 

investigation is required to identify details of the emissions formation in such engines. Other topics 
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that should be further investigated include the effects of the variable compression ratio and the 

potential for operation optimisation, along with the use of alternative or low-quality fuels. 

5.4 Coupled dynamic-multidimensional simulation 

Engine CFO codes may be useful in the study of innovative engine design, for example identifying 

the detailed influence of the particular piston motion profile in free-piston engines, as presented 

previously in Sections 5.2 and 5.3. The mesh motion algorithms implemented in such CFO codes 

are, however, usually time-dependent only, determining the piston motion from an analytic ex

pression. In the case of free-piston engines, the motion of the piston is influenced by a number 

of operational variables and the investigations presented previously assumed that, for example, 

a change in ignition timing was followed by adjustments in other operational variables to main

tain factors such as engine speed and compression ratio constant. For a fully parametric study of 

single operating variables, such as injection timing or the effect of cycle-to-cycle variations in the 

combustion process, solution-dependent mesh motion is required. 

Existing work on CFD modelling of free-piston engines, including that presented previously, 

commonly employs a piston motion profile obtained from a dynamic engine model, which is ex

pressed mathematically as a function of time and implemented in the CFO code. Examples of such 

work include the reports of Bergman et al. [15], Fredriksson [40] and Kleemann et al. [64]. While 

it is possible to investigate general free-piston engine performance using such an approach, fully 

parametric studies of single operational variables requires an iterative approach in which the CFO 

solution is fed back to the dynamic model to update the piston motion solution until convergence 

is achieved. For investigations over a wide range of engine operational variables, such a strategy is 

likely to be both laborious and computationally intensive. 

This section presents an engine simulation model suitable for detailed investigations into free

piston engine performance by implementing a solver for the piston dynamics into the engine CFO 

code. 

5.4.1 Modelling engine dynamics 

As discussed in Chapter 4, the motion of the piston assembly in the free-piston engine is governed 

by the interaction of the forces acting on it, and can be described by using Newton's 2nd law. 

Figure 5.17 shows the free body diagram of the piston assembly in the dual piston free-piston 

engine generator illustrated in Figure 2.20. The main forces acting on the piston assembly are the 

cylinder pressure force, the force from the load device, the force from the rebound device (which is 

the second cylinder in dual piston engines) and frictional forces. Frictional forces are subordinate 
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to the other three and do not have a large influence on engine dynamics, and they were therefore 

ignored here. The motion of the piston assembly can be found using 

(5.2) 

where m is the mass of the piston assembly and x is its position. The pressure force from the 

combustion chamber was predicted by the CFD code, and the forces that need to be represented in 

the model are therefore the load force and the rebound force (where, in the dual piston engine case, 

the rebound force will be the pressure force from the other cylinder). 

Figure 5.17: Free body diagram of free-piston engine piston assembly. 

5.4.1.1 Rebound force 

For single piston hydraulic free-piston engines, such as the one illustrated in Figure 2.17, the re

bound force will be provided by a hydraulic cylinder. With a constant hydraulic supply pressure, 

the force from such a cylinder is commonly assumed to be constant over the full stroke. 

For engines with a bounce chamber as a rebound device, or dual piston engines where the 

opposite cylinder is driving the compression, the rebound force will depend on the bounce chamber 

gas pressure. In such engines the rebound force will be high when the combustion cylinder is at 

the BOC and the bounce chamber pressure is high, and will decay as the bounce chamber pressure 

is reduced during the engine compression stroke. Figure 5.18 illustrates the force profiles of these 

two types of rebound devices. The shaded areas represent the compression energy. 

Both types of rebound devices were implemented in the model. In the case of a hydraulic 

rebound device, the rebound force FR was assumed to be constant over the full stroke, i.e. 

FR =k, 

where k is a constant. 

For a gas-filled rebound device, i.e. a bounce chamber cylinder or a second combustion cylinder, 

the gas in the bounce chamber can be approximated to follow a polytropic expansion, such that 



121 

F 

Bounce chamber 

BOC TOe 

Figure 5.18: Illustration of the force profiles of free-piston engine rebound devices. 

pV'Y = constant 

where p is the gas pressure, V is the bounce chamber cylinder volume and 'Y is the ratio of 

specific heats. Hence, the pressure at any point can be related to the instantaneous volume of the 

rebound cylinder by 

p=po(~)'Y 

where subscript 0 indicates some initial condition, here taken as the BDC position for the com

bustion cylinder. 

The instantaneous rebound cylinder volume can be described in terms of the initial volume Vo, 

the piston area Ap and the distance x which the piston has travelled from the initial position: 

v = Vo + Apx. 

The nominal compression (and expansion) ratio Rc of the rebound cylinder can be expressed 

by 

Rc = Vo +ApS 
Vo 

where S is the engine nominal stroke length, making ApS equal to the swept volume. Using 

this, the rebound cylinder pressure can be expressed in terms of piston position, initial rebound 

cylinder pressure and compression ratio: 
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Knowing that the rebound cylinder force is proportional to the cylinder pressure, Fn ex: p, this 

expression can be modified to express rebound force directly. 

5.4.1.2 Load force 

The properties of the load device, such as moving mass and load force profile, will have a high in

fluence on the engine dynamics, and different load devices will have differe~t dynamic properties. 

A hydraulic cylinder working against a constant discharge pressure can, as above, be modelled as 

a constant load force acting against the motion of the piston assembly. The load force profile of an 

electric machine will depend on details of the machine and the electric load coupled to it, however 

the load force in such devices is commonly assumed to be proportional to the instantaneous speed 

of the translator. Figure 5.19 illustrates the force profiles of these two types of load devices. The 

shaded areas represent the output load energy. 
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Figure 5.19: Illustration of the force profiles of free-piston engine loads. 

For a hydraulic load device, the load force, FL, is assumed to be constant, but with the direction 

determined by the direction of motion of the piston assembly: 

{ 

-k if x> 0 

FL = 0 if x = 0 

k if:i:<O 

In the case of an electric machine, the load force is assumed to be proportional to the translator 

velocity: 
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5.4.1.3 Implementation into the CFD code 

The simulations started at BOC, for which the computational mesh was defined and appropriate 

initial conditions, such as start-of-compression pressure, temperature and swirl level, were chosen. 

In the original code, the piston motion was calculated from a mathematical expression defining 

the position of the piston as a function of time, and the mesh was subsequently updated at each 

timestep. This expression was replaced by the solving of Equation 5.2 numerically. The piston 

acceleration was given by 

(5.3) 

where FC2 is the rebound force, FL is the load force, p is gas pressure in the combustion cylinder 

and Ap is the combustion cylinder piston area. The expressions for FC2 and FL are functions of x 

and x, depending on the choice of rebound and load devices, as discussed above. This equation 

was integrated at each timestep to give piston speed and position. 

Standard forward Euler integration was found to be sufficiently accurate, due to the solving of 

the equations for fluid flow and combustion requiring significantly shorter timesteps than those 

needed for an accurate solution of Equation 5.3. 

The dynamic model requires the user to specify 

• the mass of the piston assembly; 

• the type of rebound device, along with the appropriate constants; 

• the type of load device, along with the appropriate constants. 

In addition to this information the user is required to input CFD simulation specific data. 

5.4.2 Simulation results 

The free-piston engine is, as discussed previously, effectively restricted to the two-stroke operating 

principle and such engines are therefore best suited for direct injection operation. The coupled 

dynamic-multidimensional simulation model will, however, be demonstrated using a pre-mixed, 

spark ignition engine solver, due to its significantly lower computational costs, allowing simulation 

over a wider range of operating conditions to fully investigate the capabilities of the coupled solver. 

The results presented below are those predicted for a free-piston engine generator, similar to 

that shown in Figure 2.20. Simulations were also run for a hydraulic free-piston engine and the 

same trends as those presented below were found, alb~it with minor differences in the piston mo

tion profile due to differences in piston assembly mass (a hydraulic free-piston engine will have 

a lower moving mass than a free-piston engine generator) and the dynamic characteristics of the 

load and rebound devices. 
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5.4.2.1 Case setup 

A mesh describing a simplified piston and cylinder configuration, similar to that used in Section 

5.2, was generated. The cylinder geometry was assumed to be symmetric around the cylinder axis, 

allowing a wedge geometry with cyclic boundary conditions to be used. The mesh described a 

3D-degree sector and consisted of 15,400 cells, equivalent to more than 180,000 cells for the full 

cylinder. The shape of the computational mesh is the same as that shown in Figure 5.2. 

The engine chosen had a bore of 81 mm and a stroke of 81 mm, and a nominal compression ratio 

of 8:1. The fuel used was iso-octane at a fuel-air equivalence ratio of 1. Turbulence was modelled 

with a standard k-e model with wall functions, and constant wall temperatures were used. As the 

engine was two-stroke, the in-cylinder pressure when the intake ports were open was assumed 

equal to the intake pressure (taken as atmospheric pressure). 

5.4.2.2 Influence of compression energy 

The compression energy can be varied during operation in most free-piston engine designs. In 

hydraulic free-piston engines the hydraulic supply pressure may be variable, and in free-piston 

engines using a gas-filled bounce chamber, a high-pressure gas supply may allow control of the 

amount of gas in the bounce chamber. In dual piston engines the compression energy will depend 

on the combustion energy from the opposite cylinder. 

Figure 5.20 shows the influence of the compression energy on engine operation with the spark 

timing and all other variables kept constant. Figure 5.20a shows the effects of variations in: the com

pression energy on the piston motion profile. It can be seen that the compression energy influences 

both the TDC position (i.e. the compression ratio), as one would expect, and also the cycle time. A 

10 % change in the compression energy gives approximately a 1 Hz change in operating frequency. 

Although not a major change, this effect is of high importance if the frequency of the engine is to 

be controlled, for example to control the electric output or engine vibrations. 

Figure S.20b shows the influence of the compression energy on the compression ratio of the 

engine. It can be seen that, provided that the compression energy can be accurately controlled, 

effective compression ratio control can be achieved in free-piston engines. 

5.4.2.3 Influence of ignition timing 

One of the most important operational variables is the spark timing, and this variable is commonly 

electronically controlled in modem combustion engines to optimise engine fuel efficiency and min

imise emissions formation. In the free-piston engine, it is expected that the spark timing has influ

ence on the piston motion as it controls the release of the combustion energy, which contributes to 

the downwards acceleration of the piston around TOC. 
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Figure 5.20: Effects of variations in engine compression energy. 

Figure 5.21 shows the influence of the spark timing on engine operation. Figure 5.21a shows 

the piston motion profiles for variations in spark timing, with the spark timing varied with the 

equivalent of 20 crank angle degrees (CAD). A clear influence on the piston motion can be seen. 

The effect of the variation in the spark timing on engine compression ratio is shown in Figure 5.21 b. 

The effect of advanced spark timing is a rapid decrease in compression ratio, as the high pressure 

from combustion slows down and returns the piston before it reaches the nominal TOC. Retarding 

the spark timing allows the piston to reach its nominal TOC, but increases the cycle time since the 

acceleration around TDC is reduced. 

5.4.2.4 Engine operation optimisation 

Having a model which allows simulations to be run for a range of engine operating conditions, 

operation optimisation possibilities can be investigated. Such analyses are commonly used to de

termine the optimum operating point for conventional engines, where variables such as ignition 

timing and engine speed can be varied for a given engine load in order to optimise engine efficiency 

and/ or emissions fonnation. In the free-piston engine, the main operating variables available for 

operation optimisation purposes are the ignition timing and the compression energy. 
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Figure 5.21: Effects of variations in spark timing. 

Figure 5.22 shows the predicted engine indicated efficiency for variations in ignition timing 

and compression energy. It can be seen that an optimum ignition timing can be found for a given 

compression energy, and that increased compression ratio improves the efficiency, which is the 

expected result. 

With variable compression ratio, the peak in-cylinder pressure will be of high importance in the 

free-piston engine. Although the compression ratio in the spark ignited free-piston engine is likely 

to be limited by the fuel knock limit, in free-piston diesel engines the peak in-cylinder gas pressure 

is likely to be the limiting factor. 

Figure 5.23 shows the peak in-cylinder gas pressure for varying ignition timing and compres

sion energy. It can be seen that increased compression energy leads to higher peak pressures, how

ever for retarded ignition timing this effect is reduced. For highly advanced ignition timing, it can 

be seen that the peak pressure is reduced due to the early pressure rise reducing the maximum 

compression ratio. 

The plots shown in Figures 5.22 and 5.23 were examples of operating maps that can give insight 

into the performance of the free-piston engine and its operation optimisation possibilities. Similar 

performance maps can be produced for engine emissions formation or other engine operational 

variables of interest. 
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Figure 5.22: Engine indicated efficiency (per cent) map for varying compression energy and ignition 
timing. 
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Figure 5.23: Peak in-cylinder pressure (bar) for varying compression energy and ignition timing. 

5.4.3 Summary 

A coupled dynamic-multidimensional simulation model for the simulation of free-piston engines 

was described. The model is based on the Open FOAM CFD code, but incorporates solution

dependent mesh motion in order to model the influence of engine operational variables on the 

piston motion. The use of the coupled solver was demonstrated with the simulation of a spark 

ignited free-piston engine, and predictions of the influence of some operational variables on engine 

performance were presented. 

The coupled solver provides a powerful tool to investigate the operating characteristics and 

performance of free-piston engines. In the case of free-piston diesel engines, the effects of changes 

in TDC position and compression ratio are expected to be higher than in spark ignited engines, due 

to the higher influence of the in-cylinder gas motion on the combustion process. With changes in 
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TOC position, the clearance distance ('squish band') between the piston and cylinder head changes, 

influencing squish and reverse squish in the combustion chamber. With the coupled dynamic

multidimensional solver, detailed investigations into the effects of such changes on the combustion 

process and engine performance can be undertaken. 
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Chapter 6 

Engine control 

The absence of the crank mechanism in the free-piston engine means that the positions of the com

bustion piston TDC and BDC are not fixed, but will vary according to the engine operating con

ditions and may be influenced by disturbances. While the variable stroke may be advantageous 

in terms of engine optimisation, it sets high requirements on the engine control system. It is clear 

that if an appropriate control system, able to keep TDC and BDC positions within the required 

operating range, cannot be realised, the free-piston engine concept will not be feasible. 

In addition to the control of the TOC and BOC, which is critical for engine operation, comes the 

control of a number of other variables required for operation optimisation of the engine. These may 

include control of engine speed, fuel injection timing and valve timing. For the free-piston engine 

to be competitive against conventional technology, appropriate control of these variables must be 

realised. 

This chapter presents an investigation into the dynamics and control of the free-piston engine, 

using the established simulation model to investigate the effects of the different control variables 

and the feasibility of proposed control strategies. 

6.1 The control challenge 

In conventional engines the crankshaft mechanism provides piston motion control, defining both 

the outer positions of the piston motion (TDC and BOC) and the piston motion profile. Due to the 

high inertia of the crankshaft system, the piston motion cannot be significantly influenced in the 

timeframe of one cycle. In the free-piston engine the piston motion is determined by the instan

taneous sum of the forces acting on the piston assembly, and the piston motion may therefore be 

influenced by the progress of the combustion process. Moreover, the piston motion profile may be 

different for different operating conditions. Variations between consecutive cycles due to cycle-to

cycle variations in the in-cylinder processes are also possible. 

Achieving sufficient engine control over the full load range has been a reported problem in free-
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piston air compressors and gas generators, and several of these engines were constant-power units 

with simple onloff control [22,37,99]. Other reports have described load dumping when operating 

at part load [6,61]. The performance of the controlled free-piston engine over the full operating 

range is therefore an area of particular interest. 

6.1.1 Control objectives in free-piston engines 

Control of TOC and BOC positions is crucial for the operation of the free-piston engine. The TOC 

position must be controlled within tight limits to ensure sufficient compression, required for fuel 

autoignition and efficient combustion, while avoiding excessive in-cylinder gas pressures. Simi

larly, as the free-piston engine in practice is restricted to the two stroke operating principle, the 

BDC position must be controlled to ensure efficient scavenging of the cylinder. Moreover, if the 

piston travels far outside the nominal TOC and BOC positions, this may lead to mechanical con

tact between the piston and the cylinder head, which may be fatal for the engine. The clearance 

between the piston and cylinder head at TOC is very small in diesel engines, typically between 1 

and 2 per cent of the stroke length (equivalent to 1.5-3 mm in the engine investigated here). 

A secondary control objective is the speed of the engine. This may be required to provide control 

of the fluid flow in hydraulic engines, or the electrical frequency in free-piston engine generators. 

Finally, in order to optimise engine operation and fully utilise the operational flexibility of the 

free-piston engine, a supervisory control system is required to control variables such as fuel injec

tion timing, compression ratio setpoint and valve timing. 

6.1.2 Control of single piston engines 

The excellent controllability of single piston hydraulic free-piston engines has been demonstrated 

by some authors, including Achten et a1. [2]. The hydraulic cylinder acts as both load and rebound 

device using an advanced hydraulic control system, and the compression energy can be accurately 

controlled. Since the piston velocity at BOC is zero and the compression stroke starts only when 

the hydraulic energy is released, frequency control can be applied by pausing the piston at BOC. 

This "Pulse Pause Modulation" control, described in more detail in Chapter 2, allows the engine to 

operate at optimum conditions at all load levels, giving very high part load efficiency. 

6.1.3 Control of dual piston engines 

Bouncing-type free-piston engines, i.e. dual piston engines or single piston engines using a bounce 

chamber, will have characteristics similar to those of a spring-mass system, and the control of such 

engines is significantly more complicated than for the hydraulic single piston engine. Since the 
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compression energy is delivered directly or indirectly from the combustion power stroke, the com

bustion energy needs to be accurately controlled in order to achieve control of the compression 

ratio. Cycle-to-cycle variations in the combustion process may also be present, and this may be a 

problem for engine controllability and influence the performance. 

Speed control of such engines may represent a further challenge. Many of the old free-piston en

gines were reported to be effectively constant-speed machines. If the engine speed range is limited, 

this may be a problem, for example in hydraulic applications which require flow control. For loads 

where a constant speed is desired, such as electric generators, this may, however, be an advantage. 

The control of a dual piston hydraulic free-piston engine was investigated by Tikkanen and Vile

nius [97] using a simplified model based on energy balances. The aim of the work was to achieve 

compression ratio control for the engine, and it was demonstrated how acceptable performance 

could be achieved for moderate load changes by modifying the fuel mass flow. Cyde-to-cycle vari

ations in dual piston free-piston engines have been reported by Tikkanen et al. [96] and Clark et 

al. [31], although neither reported that these were large enough to cause problems with engine 

operation. 

Johansen et al. [59] derived a mathematical model of a single piston free-piston gas generator 

and investigated control issues in such an engine. Experimental results from a single cylinder test 

engine were reported and details of the engine control structure were outlined [60). It was demon

strated how sufficient piston motion and engine optimisation control was obtained by controlling 

the fuel mass flow and the amount of air trapped in the bounce chamber. 

6.2 Detailed control objectives and engine control structure 

The engine under investigation was described in Chapter 3 and illustrated in Figure 3.1. Like any 

plant, a number of inputs and outputs to the system can be defined. At the lowest level, the main 

inputs to the engine include the signals to the fuel injection system, determining fuel injection 

. timing and mass of fuel to be injected, and the signals to the bounce chamber pressure control 

valves, whose opening and closing timing determine the amount of gas trapped in the bounce 

chamber. These make up the available control variables for the engine. The main disturbance is the 

load force from the linear electric machine, which for the purpose of this investigation is assumed 

not to be controllablel . 

lSome level of control of the electric machine will have to be implemented in the unit to aid starting. If sufficient engine 
control cannot be achieved with the control variables at hand, it may be possible to apply load control on the electric machine 
with the implementation of appropriate power electronics, to aid engine control. 
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6.2.1 Engine control objectives 

A piston motion control system must be established, and the main control objectives are TOC posi

tion, BOC position and engine speed. TOC position will be of the highest importance, BOC position 

control is slightly less stringent, whereas the speed is not critical for safe engine operation. Super

visory control objectives include the optimisation of engine operation for a1lload conditions. 

6.2.1.1 TDe control 

It is clear that variations in TOC position will have a large effect on engine operation, since such 

variations will influence the engine compression ratio. Potential consequences of insufficient TOC 

control are excessive in-cylinder gas pressures or, in the worst case, the piston hitting the cylinder 

head if the stroke is too long. If the stroke is too short and a sufficiently high compression ratio is 

not achieved, the fuel may fail to autoignite and the engine will stop. 

Figure 6.1 shows the effect of variations in TDC position on the compression ratio in the current 

engine. It can be seen that even small variations in TDC position lead to large changes in engine 

compression ratio. A typical clearance between the piston and cylinder head at TOC in this en

gine would be 2-3 mm. (It may, however, be necessary to use a piston with a flatter profile in the 

free-piston engine, to give more clearance and avoid critical situations during transient operation.) 

Accurate control of TOC position is therefore of high importance to engine operation. 
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Figure 6.1: Effect of varying TDC position on engine compression ratio. 

Variable TOe setpoint Unlike in conventional engines, the TDC setpoint can be varied for vary

ing engine load. At low loads, the compression ratio can be increased without experiencing ex

cessive peak gas pressures. This has been demonstrated by other authors, including TIkkanen and 

Vilenius [97], who varied nominal compression ratio from 15:1 at fu1lload to 30:1 at lower loads. 
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In this work, the compression ratio setpoint was varied linearly between values of 20:1 at 10% 

load and 15:1 at 100% load. Figure 6.2 shows the compression ratio setpoint for different loads. 

o 20 40 60 . 80 100 
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Figure 6.2: Engine compression ratio setpoint. 

6.2.1.2 BDC control 

At the lower end of the stroke, the BOC position will also effect the engine performance. The 

requirements are not as stringent as those for TOC position since the engine can be designed to 

allow some variation in BOC position without danger of mechanical damage. In the current engine, 

the nominal clearance distance between the bounce chamber piston and cylinder head at BDC was 

10 mm, i.e. significantly higher than the clearance distance in the combustion cylinder. 

In terms of engine performance, changing the BOC position will mainly influence the time and 

port area available for scavenging, and small variations in BOC position will not have a significant 

influence on overall engine performance. The scavenging ports height in the engine investigated in 

this work was 22 mm, and the critical BOC deviation, for which scavenging would completely fail, 

was therefore one order of magnitude higher than a typical critical deviation for TOC position. 

6.2.1.3 Speed control 

Speed control of the engine may be required, depending on the requirements of the load device. 

Unlike in hydraulic free-piston engines, where a wide speed range will be desired to allow flow 

control, the free-piston engine generator is likely to benefit from a close to constant operating speed. 

A factor of interest will therefore be if a constant speed can be achieved and maintained through 

the full load range for the current engine design. 

Furthermore, the engine investigated here was intended to be modular, in such a way that a 

number of units can be operated in parallel to increase the power output. If the engine speed can 
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be accurately controlled, vibrations from the plant can be reduced or cancelled out by running the 

units in different phases. 

6.2.1.4 Operation optimisation 

At a higher level, a supervisory control system is required to optimise engine performance for 

any given operating point, in conventional combustion engines typically achieved by adjusting 

variables such as fuel injection and valve timing. Unlike conventional engines, however, operation 

optimisation of the free-piston engine may include varying the compression ratio and stroke length. 

6.2.2 Control structure 

Figure 6.3 illustrates the proposed control structure for the free-piston engine, showing low-level 

control, piston motion control and supervisory control systems. The control structure is similar to 

that presented by Johansen et al. [60], however the current engine differs from that presented by 

Johansen et al. in some respects, most importantly in the interaction between the engine and the 

load. 
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Figure 6.3: Free-piston engine control structure. 

The low-level control will read the piston position continuously and provide the signals for the 

fuel injector, bounce chamber pressure control valves and exhaust valves based on the commanded 

values. It will further calculate TDe and BOC positions along with engine speed, and feed this 

information to the piston motion control system. 
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The piston motion control system receives setpoints for TDC, BOC and engine speed from the 

supervisory control system and manipulates the command signals for the supply of fuel, mruel, and 

bounce chamber trapped air, mBCair' 

Finall~ the supervisory control system sets the TDC, BOC and speed setpoints according to the 

operating conditions (such as load and speed) of the engine. Fuel injection timing and exhaust 

valve timing are reserved for engine optimisation purposes and is therefore also set by the super

visory control system. 

6.2.3 Investigating engine control issues 

In order to investigate engine dynamics and control over a number of consecutive cycles, the sim

ulation model must be able to accurately predict engine performance during transient operation. 

Changes in operational variables in the free-piston engine will, unlike in conventional engines, 

lead to changes in stroke length and TOC and BOC positions, thus affecting both scavenging and 

compression ratio. 

As described in Chapter 4, the simulation model predicted the effects of changes in BOC posi

tion and time available for scavenging, and the effects of poor scavenging on the following com

bustion. Furthermore, the effect of changes in compression ratio and fuel-air equivalence ratio on 

the ignition delay and the combustion process were accounted for. 

Providing the dynamics of the input variables can be realistically represented, the simulation 

model provides a powerful tool for investigating free-piston engine control issues. 

6.3 Model analyses 

The control variables of the engine have been identified, and their effects on engine operation, 

along with those of the load force disturbance, must be determined in order to investigate possible 

control strategies. 

6.3.1 Fuel mass flow 

Controlling the mass of fuel injected per cycle is commonly used in conventional diesel engines to 

control engine speed or power output. Modem engine technology, such as electronically controlled 

common rail fuel injection systems, makes the implementation of fuel mass flow control straight

forward and allows high flexibility in the control of this variable. 

The fuel mass control variable is discrete in nature, as it can only be varied once per engine 

cycle. Hence, if a disturbance occurs just after the fuel injector command signals are set, corrections 

can only begin to take action one full cycle later. 
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Varying the amount of fuel injected will influence the amount of energy in the combustion 

gases. If one considers the power stroke, the amount of combustion energy will influence the 

amount of compression energy stored in the bounce chamber, and the fuel mass control variable 

is therefore likely to influence the BOC position. Furthermore, changes in the compression of the 

bounce chamber gases will influence the available compression energy for the next cycle, hence a 

change in the subsequent TOe position is also expected from a change in fuel mass input. Finally, 

changes in the pressure levels in the cylinders will influence piston acceleration and engine speed. 

Figure 6.4 shows the effect of changes in fuel mass per cycle on piston stroke length and en

gine speed. It can be seen that changes in the fuel mass as expected have a large effect on engine 

operation and lead to changes in stroke length, TOC and BOC positions, and engine speed. 
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Figure 6.4: Steady state engine response to changes in the mass of fuel per injection. 

6.3.2 Fuel injection timing 

The fuel injection timing will have an influence on piston motion, since in controls the timing of 

the energy release which slows down the piston and accelerates it downwards. An influence of 

fuel injection timing on roc position is therefore expected. The timing of the energy release has, 

however, a large influence on the in-cylinder gas temperature, and therefore also engine efficiency 

and emissions formation, and it is in conventional engines commonly used as a tool to optimise 

engine performance. It is therefore likely to be unsuitable as a main control variable for the speed 

or stroke length in the free-piston engine due to the potential penalty in exhaust gas emissions and 

fuel consumption. 

Figure 6.5 shows the steady state effects of changes in fuel injection timing. It can be seen that 

fuel injection timing has some effect on roc and BOC position, but very little effect on engine 

speed. A large penalty in the temperature levels within the cylinder is, however, also seen with 

advanced fuel injection timing, and this will heavily influence both engine efficiency and exhaust 
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gas emlSSlons. This control variable was therefore in this investigation assumed to be available 

only for engine optimisation purposes and not for piston motion control. 
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Figure 6.5: Steady state effects of changes in fuel injection timing. 

6.3.3 Bounce chamber trapped air 

Variations in the amount of trapped air in the bounce chamber will change the stiffness of the 

bounce chamber gas spring. Considering the power expansion stroke, such variations will influ

ence the process of energy storage in the bounce chamber and the point at which the piston is 

stopped and the return motion starts. Changing the amount of air in the bounce chamber pressure 

is therefore likely to influence the engine BOC position. Less influence on TOC position would 

be expected, since the amount of compression energy stored in the bounce chamber is determined 

mainly by the combustion process. Changing the pressure levels in the bounce chamber may, how

ever, influence piston accelerations, which will influence engine speed. 

The amount of air in the bounce chamber can, if a sufficient high pressure supply is available, 

be controlled continuously throughout the stroke. Due to the high pressures in the bounce chamber 

when compressed, it is, however, likely that control of the bounce chamber air mass will be limited 

to the part of the cycle when the piston is around TOC of the combustion cylinder. 

For the bounce chamber pressure to be useful as a control variable, a method of controlling 

the amount of air trapped is required. One uncomplicated method is to control the opening and 

closing of the high-pressure supply valve relative to the TOC, as illustrated in Figure 6.6. As the 

piston approaches TOC, the valve to the high-pressure supply is opened and the pressure in the 

bounce chamber becomes equal to the supply pressure. As the piston moves downwards, air will 

be rejected back into the high-pressure supply line and by varying the closing timing of the pressure 

control valve the amount of air retained in the bounce chamber can be controlled. 

Using this method, control of the amount of air in the bounce chamber can be achieved on a 
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Figure 6.6: Control of bounce chamber trapped air through pressure control valves timing. 

cycle-to-cycle basis, and the operation of only one pressure control valve is required. No knowledge 

of the amount of air trapped in the bounce chamber or the supply air pressure is required, since the 

bounce chamber pressure control can be related to valve timing only and any offset can be corrected 

using an integrator in the control loop. 

This method will, however, introduce pumping losses for the gas flowing through the pressure 

control valve. An alternative method was described by Johansen et al. [59], in which an estimator 

for the mass of air in the bounce chamber was implemented. A control circuit was made to control 

both low-pressure and high-pressure bounce chamber supply valves, allowing the introduction or 

rejection of air as necessary. While minimising pumping losses, this method requires a mOre com

plex control system with the operation of two pressure control valves, and may also have higher 

time delays in the control response. It has therefore not been investigated further in this work. 
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Figure 6.7: Steady state effects of variations in bounce chamber trapped air mass. 

Figure 6.7 shows the steady state effects of changes in the amount of air trapped in the bounce 

chamber. It can be seen that this variable has some effect on TOC and BOC positions, with a slightly 
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higher influence on BOC position. Having somewhat similar effects on the TDC and BDC positions, 

the stroke length is not significantly influenced by the bounce chamber trapped air. Some influence 

on engine speed can also be seen. 

6.3.4 Load force 

The characteristics of the load force from the electric machine will depend on the type of electric 

machine and the electric load coupled to it. While it may be possible to control the electric load 

force using power electronics, and such control is likely to be available due to the necessary im

plementation of a starting system, the load force is in the investigations presented here treated as 

a disturbance only. If sufficient engine control can be achieved using the other control variables at 

hand, this will dearly be the desired solution. 

The amount of energy extracted through the load will heavily influence engine operation. If a 

full cycle is considered, an increase in electric load force will reduce the amount of compression 

energy available, leading to a lower compression ratio in both the combustion cylinder and the 

bounce chamber. The load force is therefore likely to influence both TOC and BOC positions, where 

an increased load force will lead to a shorter stroke length and vice versa. Engine speed will also 

be influenced due to changes in the pressure levels in the cylinders. 

Figure 6.8 shows the steady state effects on the engine from variations in the electric load force. 

A high influence both on engine speed and TOC and BOC positions can be seen, with the magni

tude of the engine response being comparable to that resulting from changes in fuel mass. 
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Figure 6.8: Steady state effects of varying electric load force. 
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6.3.5 Engine dynamics 

The dynamic response of the engine to changes in the disturbance and control variables is of high 

importance, since it determines the feasibility of given control variables to counteract disturbances 

sufficiently fast enough to avoid situations critical to engine operation. 

A series of tests were performed on the simulation model, introducing step changes in the 

input variables fuel mass, bounce chamber trapped air mass, and load force. It was found that 

the responses of all output variables (TDC, BOC and speed) resembled first-order or overdamped 

second-order systems, except the response in BOC position following changes in bounce cham

ber pressure, which resembled a slightly underdamped second-order system (i.e. having a minor 

overshoot in the response). 
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(a) Engine response to a step change in mass of fuel per injec
tion. (Ticks show consecutive roc position readings.) 
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(b) Engine response to a step change in electric load force. 
('licks show consecutive TOC position readings.) 

Figure 6.9: Examples of engine dynamic response. 

Examples of the engine response to a step change in fuel mass flow and electric load force are 

shown in Figure 6.9. In both figures the change was imposed at time t = 1 s. The minor delay in 

the engine response for the fuel mass input due to its discrete nature can be seen, whereas for the 

load force the response is instant. It can be noted that the responses for fuel mass and load force 

are very similar, both in terms of steady state and transient response. The speed of response for 

the fuel mass input is slightly higher than that of the load force, however the initial delay in the 
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response to changes in fuel mass gives an overall similar speed of response for the two. The speed 

of response for the bounce chamber trapped air input was found to be similar to these. The full set 

of engine dynamic response tests can be found in Appendix B. 

6.3.6 System nonlinearities 

The system gain for all the input variables depends on the engine operating conditions, mainly the 

load, and this will be of high importance in the design of the controller. The gain defines the ratio 

of the magnitude of response in an operational variable to the magnitude of change in an input 

variable, for example 

ATDC = kAmfueJ 

for the effect of fuel mass changes on TDC position, where k is the gain. 
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(b) Gain for bounce chamber pressure input. 

Figure 6.10: Plant nonlinear gain. 

Figure 6.10 shows the gain for the control variables over the engine load range. Some nonlinear

ity can be seen for all input variables which suggests that advanced control techniques may need 

to be applied to achieve good performance over the full load range. The very similar influence of 

the load force and the fuel mass flow may, however, reduce this problem. 
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Alternatives to correct for the problem of nonlinearities include the application of adaptive 

control techniques such as gain scheduling. 

6.4 Controller design and controlled engine performance 

It is clear that a controller is critical for engine operation. The investigations above showed that 

even a 10 % change in the electric load force produced a TOC position error that is probably unac

ceptably large (see Figure 6.9). The performance requirements for the control system will depend 

on the specific engine design, most importantly the clearance between the piston and the cylinder 

headatTOC. 

As mentioned above, a typical TOC clearance value for an engine such as the one presented here 

would be 1.5-3mm. Figure 6.1 showed that a TOC deviation of ±1 mm is equivalent to a compres

sion ratio range of around 13-18, which is probably acceptable in most cases. Maintaining the TOC 

position within ±1 mm of the TOC setpoint was therefore chosen as an initial design guideline. The 

requirements for BOC position is more relaxed, and a target of ±3 mm was chosen. 

When adding a feedback loop with a controller to the free-piston engine plant, a system as that 

illustrated in Figure 6.11 is obtained. 

D 

y 

Figure 6.11: Feedback control system. 

The engine plant, G, has three inputs and three outputs, hence G is a 3 x 3 matrix. The output 

vector, Y, contains engine speed, TOC and BOC positions, and can be written as 

[

Speed] 
y= TOC , 

BOC 

(6.1) 

and the input to the engine, U consists of fuel mass per injection, bounce chamber trapped air mass 

and electric load force, hence 
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[
mfuel] 

U = mBCair • 

Fmag 

(6.2) 

X contains the setpoints for the three output variables, i.e. 

[

speedSP] 

X= TDCsp , 

BDCsp 

(6.3) 

and the output from the controller, Uc, is the two controllable plant inputs: 

(6.4) 

Consequently, the distur~ance, D, is the electric load force 

D = [ ~ ]. 
Fmag 

(6.5) 

The controller matrix will be a 3 x 3 matrix: 

6.4.1 Decentralised control 

Depending on the level of interaction in the plant, multiple-input multiple-output (MIMO) systems 

can in many cases be reduced to a set of single-input single-output (5150) loops for which standard 

5150 control systems can be designed. This may simplify the work in designing the control system, 

and the successful application of decentralised control in a free-piston engine was reported by 

Johansen et at. [59]. Decentralised control has been used throughout this work. 

6.4.1.1 Pairing of inputs and outputs 

Analytical methods to find the best pairing of intputs and outputs exist, however in the current 

system physical reasoning can be used to find the best coupling. Of the two control variables, the 

fuel mass is the more powerful since it has a higher influence on all the operational variables, along 
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with a fast response. Of the control objectives, the TOe position is that with the highest priority, 

since this is most critical to engine operation and must be controlled within tight limits. The fuel 

mass should therefore be coupled to the TOC error signal. 

This leaves the bounce chamber trapped ail'mass to control BOC position. The engine speed is, 

as discussed above, not critical for engine operation and having only two control variables avail

able, the engine speed cannot be controlled with conventional methods. 

The controller matrix becomes: 

[

0 C12 0 ] 
C = 0 0 C23 

o 0 0 

where C12 is the coupling between the TDC error signal and the fuel mass command signal, and 

C23 is the coupling between BOC signal and the bounce chamber trapped air mass demand. 

Simulations showed the feasibility of this control strategy, with the TOC and BOC positions 

being controllable over the full load range (where the load was varied by changing the load force). 

Figure 6.12 shows the demand on the control variables over the load range. Figure 6.13 shows the 

resulting engine speed, for which no control variable is available. It can be seen that the speed 

variations over the load range are significant. 

100r-----~----~----_r----_,----~ 

o 0.2 0.4 0.8 
Engine load (1) 

0.8 

Figure 6.12: Injected fuel mass per cycle and bounce chamber trapped air mass for the controlled 
engine. 

6.4.2 Speed control through varying stroke length 

Johansen et a1. [59] suggested varying the TOe and BOC setpoints to control engine stroke length 

and thereby influencing engine speed, utilising the fact that the stroke length and bouncing fre

quency in the free-piston engine are interconnected. 
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Figure 6.13: Engine speed with TOC and BOC control. 

The TOC position has, as mentioned above, a high influence on engine performance and control 

of the TOC setpoint is restricted for engine optimisation purposes. The BOC can be varied over a 

significantly larger range without major penalties in engine performance. In the current simulated 

engine design, the distance from the BOC setpoint to the point of scavenging ports opening was 

22 rom, whereas the clearance distance to the bounce chamber cylinder head was 10 mm. The BDC 

setpoint can therefore be varied significantly without risk of damage to the engine, however such 

variations may influence engine performance. 
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Figure 6.14: Control of engine speed through varying BOC setpoint for different loads. 

Figure 6.14 shows the effects of varying BOC setpoint on engine speed at different loads. It can 

be seen that at a given load, the speed can only be varied over a very limited range when adopting 

this control method. A speed of for example 30 Hz would not be possible to maintain over the full 

load range even if large changes in BOC setpoint were allowed. Furthermore, the required changes 

in the BOC setpoint lead to reduced scavenging time and port area at high loads, whereas the BOC 

setpoint is below its nominal value at low loads where a reduction in scavenging performance 
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would be more acceptable. 

It was found that this method could be applied successfully and without major effects on en

gine performance only for a very limited load range, from full load and down to around 90 % load. 

Hence, this method of speed control would only be feasible for effectively constant power applica

tions. 

6.4.3 Engine dynamics 

The engine dynamic response to a load change depends heavily on the dynamics of the load force, 

which for the free-piston engine generator are determined by the electric system. Details of this are 

not known at an early design stage, but it is clear that electric systems have very low time delays 

and may therefore impose rapid changes in engine load. It is, however, likely that the output power 

has to be conditioned, which may allow the implementation of energy storage devices to dampen 

disturbances on the engine if necessary. 

A general investigation of the controlled engine's ability to reject disturbances was undertaken, 

in order to gain insight into the necessity of additional measures in the electric system to aid engine 

control. 

Characteristics of the engine inputs 

The characteristics of the inputs to the engine plant and their influence on its response differ in 

some respects to textbook examples in control systems design. Firstly, for any load change there 

will be a change of setpoint in TDC position. This setpoint change must take place immediately to 

avoid excessive in-cylinder pressures2
• This was implemented in the simulation model such that 

a load change triggers an instant change of TDC setpoint. Such simultaneous changes of load and 

system setpoint add to the requirements set on the controller. 

Secondly, the characteristics of the free-piston engine generator are such that the timing of the 

load change will have an influence on the engine response. Since the control variables are set only 

once per engine cycle, if a load change occurs shortly after a control variable is set there may be a 

significant delay before controller action will take affect. If one considers the TOC control variable, 

the fuel mass flow demand, which is set at BOC, two consecutive engine cycles starting at BDC will 

include the following events: 

2 An instant TOC setpoint change is strictly necessary only for load increases, since operating at a compression ratio 
lower than nominal at part load will not be damaging (or the engine (providing that the compression is sufficiently high for 
fuel autoignition). It has, however, in this work been assumed that any load change requires an immediate TOC setpoint 
change. . 
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Second cycle 
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(1) BOe. 

(2) Compression stroke. 

(3) TOC, where TOC position is read. 

(4) Power stroke expansion. 

(5) BOC, where the controller action for TOe controller is set. 

(6) Compression stroke. 

(7) IDe. 
(8) Power stroke expansion. 

(9) BDe. 

If a load ch~ge occurs during (1) or (2), the TDC position at (3) will be influenced and trigger a 

control response at (5) to correct for the error at the next fuel injection (at (7». While this may be a 

significant delay, if the load change occurs just after (3), the controller action will not begin until (9) 

and the correction will not take place until the following TDe, two full cycles after the disturbance 

occurred. 

All the simulations following were carried out with the load change occurring at TDC, and 

therefore represent 'worst case' scenario for the control problem. 

6.4.4 Proportional, integral and derivative feedback control 

Proportional, integral and derivative (PID) feedback control is widely used in industry and, al

though having some limitations, has proved to provide excellent performance for a wide range 

of applications. The implementation of PIO control is uncomplicated, and initial tuning can be 

performed using well-known empirical rules. Johansen et al. [59) demonstrated satisfactory per

formance of PI and PID control of a free-piston application similar to that investigated here. 

To investigate the feaSibility of PID controller in the free-piston engine, such controllers were 

implemented in both control loops in the simulation model. PIO control was implemented by 

setting the relevant elements of the controller matrix C in the standard feedback control system 

to a sum of a proportional, an integral and a derivative gain term. I.e. for the controller matrix 

elementmn: 

rt de(t) 
Cmn = kp ' e(t) + ki Jo e(t) dt + kd dt' 

where e(t) is the error signal component of the vector E. 



148 

The feasibility of PID control in the free-piston engine 

PID controllers are generally robust, but the derivative controller term can be sensitive to measure

ment noise and will produce very large controller responses to step changes in setpoint, since the 

theoretical derivative response to a step change is infinite. Methods do, however, exist to correct 

for this and avoid the actuators saturating. (The saturation point in the TOC controller loop will 

be the point at which the fuel-air equivalence ratio is equal to one and injecting more fuel will not 

produce more power.) 

After testing the controller performance, it was found that the particular feature of simultaneous 

changes in load disturbance and TDC setpoint do represent a challenge for the PID controller. The 

characteristics of the load and setpoint changes are such that with instant TOC setpoint changes, an 

initial error will be produced which is opposite to that produced by the load, and therefore trigger 

an initial control response opposite to the desired one. This limits the gain of the proportional 

controller term and, in particular, the derivative term due to the initial control response enhancing 

the error created by the load change. This can be seen in the results shown in Figure 6.15. 

For an engine with a constant compression ratio setpoint this will not be a problem, however in 

the current engine, using only minor changes in compression ratio and TOC setpoint, the deriva

tive gain had to be reduced to a level at which the derivative action did not improve controller 

performance. If a higher degree of compression ratio control is desired, these problems will be 

more serious. 

Although methods may exist to improve the performance or correct for these problems, for ex

ample delaying the TOC setpoint change (which would increase the risk of excessive in-cylinder 

pressures during transient operation), the feasibility of a PID controller for the free-piston applica

tion is questionable. 

Controller performance 

Due to the very limited effect of the derivative gain term in the TDC control loop, the performance 

was investigated using a PI controller only. For the BOC control loop, a PI controller was found to 

perform satisfactOrily. Both controllers were manually tuned to minimise the peak errors in roc 
and BOC positions. 

Figure 6.15 shows the engine dynamic response to a 15 per cent step change in the load at 

time t = 18, with the engine originally operating at 80 % of full load. The response of the BOC 

control loop can be seen to be acceptable, with the peak error not reaching values critical for engine 

operation. The settings of this controller were adjusted to give a response slightly slower (more 

overdamped) than that possible, in order to minimise the disturbance on the TDC loop. 

For the TDC controller, the setpoint change which creates the initial undesired error, as dis-
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(a) Engine response to a step increase in load. 
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(b) Engine response to a step decrease in )oad. 

Figure 6.15: Engine response to a 15 per cent step change in load with PI controller. 

cussed above, can be seen just after t = 1 s. A high peak error in the TDe error is further seen, and 

it was found that this could not be avoided with the current controller due to the delay between 

the disturbance taking place and the control response. For the load increase case, the peak error 

of approximately 2 mm is equivalent to a drop in compression ratio to circa 12. While this is still 

sufficient for fuel autoignition, it will clearly have negative effects on the combustion process and 

emissions formation. For a rapid load decrease, the increased compression ratio combined with 

the controller failing to reduce the amount of injected fuel sufficiently fast lead's to a significant 

increase in the peak in-cylinder gas pressure. In this case, the peak pressure reached a value of 

approximately 180 bar, which is probably unacceptable in a real engine. 

The settling times for both control loops were found to be acceptable. 

6.4.5 Pseudo-derivative feedback control 

The concept of pseudo-derivative feedback (PDF) control was proposed by Phelan [84]. It is an 

alternative to integral control with derivative feedback (a system in which the feedback signal is 

differentiated and not the error signal, also known as velocity feedback). Although not being in 

extensive use, PDF control is generally reported to have better load handling capabilities than PI 

control whereas PI control has better setpoint tracking performance. (See Phelan [84], Setiawan et 
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al. [89] and Ohm [80] for further analyses and examples.) In the current system the load disturbance 

is the greater challenge due to the high peak error produced by rapid load changes. Rapid setpoint 

changes will only occur as a response to a load change. 

Figure 6.16 illustrates the pseudo-derivative feedback control system. The controller in the for

ward path, C, incorporates an integral tenn only, and a negative feedback of the output state is 

added after the controller. The feedback gain matrix K is 

[

0 K12 0] 
K= 0 0 K 23 • 

o 0 0 

where K12 and K 23 contain proportional gain tenns only. 

D 

y 

Figure 6.16: Pseudo-derivative feedback control system. 

A feature of PDF control that may make it more suitable for the free-piston engine application 

than PI control is that it is less sensitive to rapid setpoint changes. Since the controller in the for

ward path, C, does not contain a proportional or derivative tenn, the speed of response to setpoint 

changes will be lower than in the PI controller. 

Controller performance 

Figure 6.17 shows the engine dynamic response to a 15 per cent step change in the load with a man

ually tuned PDF controller, a similar situation to that investigated previously for the PI controller. 

A slightly better response than that obtained with the PI controller was found, however the high 

peak error can not be avoided. Therefore, only a minor improvement in the compression ratio drop 

for the load increase case and the high peak pressure for the load decrease was found for the PDF 

controller. A direct comparison of controller perfonnance on these operational variables is shown 

below in Figure 6.21. 

The high peak errors seen are due to the time delay between the observation of the error and the 

controller correction, making the feedback control loop too slow to satisfactorily correct for this. In 

relation to the discussion on controller delay above, it can be seen from the TDC error graph that 
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(b) Engine response to a step decrease in load. 

Figure 6.17: Engine response to a 15 per cent step change in load with PDF controller. 

after two cycles, when the controller action will first take effect, the error is already nearly 1 mm (the 

ticks on the graph represent TOC position readings). It is therefore clear that a standard feedback 

control loop is unable to correct for the initial error peak. 

PDF controllers have been reported to give more smooth actuator action than a PI controller. Since 

the actuator transfers energy to or from the plant, optimising the actuator action to minimise energy 

consumption is of high importance in many plants. In the free-piston engine, this will mainly be 

an issue for the fuel mass control variable. In addition to engine fuel consumption, the amount of 

fuel injected is of high importance for the formation of engine emissions and particulates during 

transient engine operation. Furthermore, the fuel mass control variable relies on there being a 

sufficient amount of air in the cylinder for the fuel to bum. For high engine loads this control 

variable will be operating close to saturation. 

Figure 6.18 shows the actuator action for the PI and PDF controllers for a 15 per cent step in

crease in load with the engine originally operating at 80 % load, similar to the situations above. The 

undesirable initial control response of the PI controller shortly after the load change can be seen, 

although the magnitude is low in this case since there is only a limited change in TDC setpoint. 

The PDF controller can be seen to have a significantly smoother controller response, with a 
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Figure 6.18: Actuator action for a 15 per cent step increase in load with PI and PDF controllers. 

peak overshoot in the fuel mass demand, when compared to the final value, of approximately half 

the value of the PI controller. For this step increase in load from 80 % to 92 % of full load, the 

PI controller response does in fact surpass the fuel mass injected per cycle at full load, which is 

around 89 mg. This further indicates that the PDF controller is a better option for the free-piston 

engine plant than the PI controller. 

6.4.6 Disturbance feedforward 

The above investigation indicated that the time delay between the load disturbance and the correc

tive action from the controller makes the initial error peak difficult to avoid with feedback control 

only. This suggests the use of disturbance feedforward, which, providing that the disturbance can 

be accurately measured, allows corrective action to begin before the error is measured by the con

troller. 

Goodwin et a1. [46] stated that "feedforward control is generally agreed to be the single most 

useful concept in practical control-system design, beyond the use of elementary feedback ideas", 

but warned that it can be sensitive to modelling errors. The very similar influence of the fuel mass 

control variable and load force disturbance on the free-piston engine plant does, however, suggest 

that disturbance feedforward is well suited for the free-piston engine controller. 

The measurement of the electric load force in the linear electric generator is trivial, and can be 

obtained by measuring the current and voltage at the generator output. Information on generator 

load is likely to be needed anyway for engine optimisation purposes by the supervisory control 

system, and also to apply adaptive control such as gain scheduling which may be necessary. 

It should be noted that although the fuel demand signal can be manipulated immediately fol

lowing a load change by the feed forward loop, there may still be a delay of up to one full cycle 

between this change and the corrective action due to the fuel injection occurring only once per 
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engine cycle. 

Implementation 

Disturbance feed forward in the free-piston engine plant was realised by letting the disturbance D 

influence the fuel mass and bounce chamber air mass demand signals. Figure 6.19 illustrates the 

pseudo-derivative feedback control system with an added feedforward gain term. 

y 

Figure 6.19: Pseudo-derivative feedback control system with disturbance feedforward. 

The feedforward gain matrix Gff is 

[
0 0 kl] 

Gff = 0 0 k2 I 

o 0 1 

where kl and k2 are constants. kl regulates the influence of load changes on the fuel mass control 

variable and k2 on the bounce chamber trapped air mass. 

Controller performance 

Figure 6.20 shows the engine response to a 15 % step change in load, similar to that investigated 

previously, with PDF control and disturbance feedforward, both with manually tuned coefficients. 

A significant improvement when compared to feedback control only can be seen, with a large 

reduction in the peak error and a reduced settling time. 

Influence of controller performance on engine operational parameters 

It has been demonstrated how the different controllers perform in maintaining TDC and BDC po

sitions within certain limits. For the TDC position, the objective of the controller is to maintain the 

engine compression ratio within a given range in order to (a) ensure fuel autoignition, and (b) avoid 

excessive in-cylinder gas pressures. 
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(b) Engine response to a step decrease in load. 

Figure 6.20: Engine response to a 15 per cent step change in load with PDF control and disturbance 
feedforward. 

Figure 6.21 shows the engine compression ratio and peak in-cylinder gas pressure during en

gine transient operation for a similar load change as that investigated above. The same trends as 

above can be seen for the different controllers, with the pseudo-derivative feedback contro]]er with 

disturbance feed forward providing a significantly better response than feedback only control. 

Figure 6.21a shows that the compression ratio drops rapidly fo]]owing a load increase due to the 

error in TOC position. This reduction in compression ratio may influence the combustion progress 

or even lead to failure of the fuel to ignite, which may cause the engine to stop. For a turbocharged 

engine like the one investigated here, even a significant reduction in compression ratio (even down 

to 10:1) may not represent a problem for engine operation other than leading to reduced efficiency, 

but for crankcase-scavenged engines, measures may need to be implemented to avoid rapid load 

increases due to the risk of the engine stopping. 

Figure 6.21b shows the in-cylinder gas pressure following a load decrease. Very high pressure 

peaks can be seen due to the rapid increase in compression ratio. An increase in compression ratio 

and peak in-cylinder pressure may, unlike a compression ratio reduction, lead to mechanical dam

age to the engine and load decreases are therefore the more critical situation. The peak in-cylinder 

pressure will, however, depend on both the compression ratio (given by the TOC error) and the 

fuel injection rate. Hence, if the compression ratio is excessively high due to a TOC error, this may 
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pressure. 

Figure 6.21: Effects of engine load changes on compression ratio and in-cylinder gas pressure. 

not be a problem if the fuel mass injected can be reduced at the same time. It may therefore be 

possible to implement a control circuit that measures the piston motion (for example by measuring 

the piston velocity at some point prior to TDC) and reduces the amount of fuel injected if there is a 

danger of excessive gas pressures. 

6.4.7 Ramp load changes 

In the investigations above it was found that even a relatively small load change of 15 % produced 

significant TDC and BDC position errors due to the harsh characteri~tics of a step change. In a real 

system, the load changes may be larger, but will occur over a finite time, which may be possible to 

influence in the operation of the engine or in the design of the electric system. A better represen

tation of a change in the load demand may be a ramp change between two load levels, where the 

slope of the ramp determines how rapid the load change is. 

Figure 6.22 illustrates a ramp load increase between load levels L1 and L2 • The difference be

tween t2 and t1 will determine how rapid the load change occurs, and a time constant, being the 

difference between the two, can be defined. As the time constant tends to zero, the load change will 

resemble a step change, and this is the most challenging disturbance that the engine can experience. 
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Figure 6.22: Illustration of a ramp load change. 

Using such a method, it is possible to investigate how small one can make t for given perfor

mance criteria to be fulfilled. This information may be used as a design guideline for the electric 

system. 

Figure 6.23 shows the engine response to a linear change in engine load between 20 % and 100 % 

over 0.5 s using the PDF controller with disturbance feed forward and manually tuned coefficients. 

It can be seen that when the load change occurs over a period of time, as opposed to the harsh 

step change investigated above, the engine can cope with significantly higher load changes while 

maintaining the TOC and BOC positions within an acceptable range. 
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(a) Engine response for a linearly increasing load. 
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(b) Engine response for a linearly decreasing load. 

Figure 6.23: Engine response to a ramp change in load between 20 % and 100 % over 0.5 s. 
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The effects of the plant nonlinearities over the load range can be seen, with the engine exhibiting 

a significantly more oscillatory behaviour at low loads. This suggests that gain scheduling would 

have the possibility of improving controller performance over the full load range. Having a mea

surement system for the electric load for the feedforward loop, such gain scheduling should not be 

complicated to implement. 

6.4.8 Further improving engine controlled performance 

Clearly, there are other approaches to the control problem that can be investigated, both multivari

able control and decentralised, 5150 control beyond standard techniques. Here, a basic investi

gation was presented based on well-known methods, which showed acceptable performance for 

moderate disturbances. The most obvious method of ensuring stable engine operation for dynam

ically varying loads is to implement load storage devices in the electric circuit, and thereby smooth 

the load demands on the engine. 

Improvements in the proposed controller are possible. In the above investigations, the con

troller was manually tuned to achieve acceptable performance. With controller coefficients in both 

the feedback and disturbance feedforward loops, and two controller loops in the system, the tuning 

is a multivariable optimisation problem. There is clearly potential for improvement in the tuning 

of the controllers. Furthermore, the implementation of gain scheduling, where the controller gain 

values would be adjusted as a function of engine load, is possible to give better controller perfor

mance over the full load range. The controllers investigated above were tuned at a single operating 

condition, at a load of 80 % of the full load. 

It appears that to further improve the performance, a different approach to the problem beyond 

the ideas of state feedback would be necessary in order to eliminate the problems that are due to 

the delay in controller response. If a continuous measurement of the piston position is available, 

information of the piston motion along with the engine load can be used to predict the dead centre 

position for example at the half-stroke point. This may be particularly useful to avoid excessive 

combustion pressures, by delaying the fuel injection if a high compression ratio is predicted. The 

influence of this on engine operation should, however, be further investigated. 

6.5 Cycle-to-cycle variations 

Another control-related issue that has not been thoroughly investigated is the smoothness of op

eration in the free-piston engine. Cycle-to-cycle variations can occur in for example the amount of 

fuel injected and the progress of the combustion process, and such variations will have an effect on 
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engine performance. Unlike in conventional engines, any such variations will have a direct influ

ence on the following cycle in the free-piston engine, and this typ~ of engine may be more prone to 

cycle-to-cycle variations and potentially instability if such errors accumulate. 

Some experimental reports have described high cycle-to-cycle variations in the operation of 

bouncing-type free-piston engines. However, it is not clear whether this is due to the free-piston 

engine characteristics or to the experimental apparatus. Using a detailed simulation model such as 

the one developed in this work, the influence of single variables can be investigated without the 

disturbance of variations in other operational variables. 

A common measure of engine smoothness in operation is the variation in indicated mean effec

tive pressure and peak in-cylinder pressure between cycles. This is commonly measured in terms 

of a coefficient of variation, COV, defined as [51]: 

COV 
O'imep 

Imep=~ 
lmep 

where imep is the engine indicated mean effective pressure, O'imep denotes the standard devia

tion of imep and imep is the average value, or mean. It can be defined similarly for other opera

tional variables. Heywood [51] stated that vehicle driveability problems usually occur for COVimep 

higher than around 10 per cent. 

Simulations were run for the free-piston engine and for an equivalent conventional engine, using 

a similar strategy as that described in Section 4.3.5. The engines were run in steady state operation 

with no controllers active and variations in the fuel mass was implemented in the simulation model 

using a random number generator and adding or subtracting an amount of fuel according to this. 

The simulations were run for a number of cycles, for which the appropriate data was logged and 

the COV finally calculated. 

Figure 6.24 shows the effect of variations in the injected fuel mass on the indicated mean effec

tive pressure and the peak in-cylinder gas pressure. Figure 6.24a shows that the indicated mean 

effective pressure varies with the amount of fuel injected, as one would expect, but that the vari

ations in the free-piston engine are only slightly higher than those of the conventional one. With 

modem fuel injection systems one would expect a variability in the fuel mass in the lower half of 

the investigated range, and operational problems due to this are therefore not expected. 

Figure 6.24b shows that the variations in peak in-cylinder gas pressure are significantly higher 

for the free-piston engine than for the conventional one. This is due to the variations in indicated 

mean effective pressure, which is a measure of the combustion energy from the cycle, influencing 

the compression ratio for the next cycle. The combination of random variations in both compression 

ratio and injected fuel gives significantly higher peak pressure variations in the free-piston engine. 
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Figure 6.24: Effects of variations in injected fuel mass. 
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Figure 6.25: Example of operational sequence for the free-piston engine. 

Figure 6.25 shows an example of an operational sequence for the free-piston engine with a COY 

in injected fuel mass of 2 %. It can be seen that even with the relative high COY used here, the peak 

pressures obtained are not critical for the engine. The figure also shows the variations in engine 

compression ratio, which means that there is some variation in engine TDC position. The variation 

is only minimal but may disturb the engine controller and may therefore have to be taken into 
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account in the design of the control system. 

6.6 Summary 

An investigation into the dynamics and control of the free-piston engine generator presented in 

Chapter 3 was presented. Control objectives for the engine were outlined and a control strategy 

proposed. Control variables were identified, and their influence on engine operation investigated, 

along with that of engine disturbances, using the full-cycle simulation model described in Chapter 

4. 

The control strategy, based on standard feedback ideas, was found to give adequate perfor

mance for moderate load changes, however the use of disturbance feed forward was crucial to 

achieve a satisfactory dynamic response. It was found that with a standard control approach the 

dynamics of the load changes should be limited by applying load storage devices in the electric 

circuit. 
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Chapter 7 

Conel usions 

This thesis has presented a detailed investigation into the free-piston engine concept and its poten

tial advantages over conventional technology for electric power generation in medium and large 

scale applications. The details of the findings have been summarised at the end of each chapter. 

Here they will be recapped and evaluated in relation to the feasibility of the free-piston engine 

concept and the performance of such engines, and recommendations for further work will be pre

sented. 

7.1 Summary of the results 

Chapter 2 presented a comprehensive background study, reviewing reported free-piston engine ap

plications and their performance. The particular features of the free-piston engine were discussed, 

and potential advantages and challenges compared to conventional technology identified. It was 

found that both the hydraulic free-piston engine and the free-piston engine generator appear to be 

feasible concepts, however that the latter relies on engine control issues being resolved in order to 

realise optimal performance. Based on this background study, a proposed design for a free-piston 

engine generator was presented in Chapter 3. A single piston configuration with a variable pres

sure, gas-filled bounce chamber was chosen, due to its potential advantages in terms of engine 

control. 

In Chapter 4, the development of a full-cycle simulation model of the free-piston engine was 

described, and comprehensive simulation results were presented. The basic performance and op

erational characteristics of the engine were investigated, along with the influence of the main de

sign variables. It was found that the design and operational variables of the free-piston engine 

are strongly interconnected, with changes in any variable influencing many aspects of engine op

eration. This strong interconnection makes the system more complex than conventional engines 

and complicates both the engine design process and engine control. The potential problem of low 

power to weight ratio due to high moving mass, previously reported by other researchers, was not 
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found to be the case with the turbocharged free-piston diesel engine. A minor efficiency advantage 

over conventional engines was predicted, due to faster power stroke expansion. 

Chapter 5 presented an investigation into the in-cylinder processes of the free-piston engine, 

including gas flow, combustion and emissions formation, using a multidimensional simulation 

model. Both spark ignition and compression ignition (diesel) engines were investigated and di

rectly compared to predictions for conventional engines in order to identify potential advantages 

of the free-piston engine concept. No significant differences in performance could be found for the 

spark ignition free-piston engine, and the feasibility of spark ignited free-piston engines was ques

tioned due to short-circuiting of the inlet charge in pre-mixed, two-stroke engines. For free.-piston 

diesel engines, a slight fuel efficiency advantage was predicted, similar to that found in Chapter 

4. Potential reductions in the formation of nitrogen oxides were also found for the free-piston 

diesel engine, due to the enhanced in-cylinder gas motion in such engines and the faster power 

stroke expansion. It was stated that a more comprehensive study is required to fully investigate 

the emissions formation in such free-piston engines. Finally, a coupled dynamic-multidimensional 

simulation model allowing the simulation of free-piston engines over a wide range of operating 

conditions was described and its use briefly demonstrated. 

Chapter 6 studied issues related to engine control, an often reported challenge with free-piston 

engines. Control variables and disturbances were identified and different control strategies were 

tested using the full-cycle simulation model. It was found that the free-piston engine generator is 

controllable and that performance acceptable for constant power applications can be achieved us

ing standard feedback control with disturbance feed forward. The engine is, however, very sensi tive 

to rapid load changes and energy storage devices may therefore need to be employed to smooth 

engine load in applications with variable load demands. The influence of cycle-to-cycle variations 

in the combustion process was investigated but not found to be critical for engine operation. 

7.2 The feasibility of the free-piston engine concept 

There seems to be little doubt that the free-piston engine is a feasible concept, with potential ad

vantages over conventional technology. The main advantages of the free-piston engine lie in the 

simplicity of the unit, giving reduced frictional losses and operation optimisation possibilities. In 

addition, both the results presented in this thesis and work reported by other authors indicate po

tential inherent thermodynamic and emissions formation advantages in free-piston diesel engines. 

The main challenge is clearly that of engine control, which must be resolved not only to a level of 

maintaining stable engine operation for aU operating conditions but also such that the advantages 

of engine operation optimisation can be realised. 

Of the previously reported modem free-piston engine developments, the single piston hy-
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draulic free-piston engine appears to be the most promising. Such units have shown favourable 

performance when compared to conventional technology, and control issues for these eng~es have 

been fully resolved. Much research is, however, underway on free-piston engine generators, as 

such units have a significant appeal due to the widespread use of highly efficient electric power 

distribution networks and electric machinery. The main incentives for the development of innova

tive engine technology such as the free-piston engine, namely high fuel prices and stringent emis

sions legislation, are likely to continue to drive research and development efforts within free-piston 

engine technology in the years to come. 

7.3 Recommendations for further work 

Although the free-piston engine concept appears to be a promising candidate for power genera

tion in various applications, significant development efforts are required for it to become a realistic 

alternative to the highly developed conventional internal combustion engine technology. In order 

for continuing development of this unconventional engine concept, both the challenges and the po

tential advantages associated with it must be studied in further detail. This thesis has contributed 

with some fundamental investigations into the operational characteristics and performance of a 

free-piston engine generator. It was found that there are two main areas that need further investi

gation: 

• engine combustion and emissions formation, and 

• "engine control issues. 

For both these, the development of an experimental engine will be of high importance in order 

to validate theoretical and computational predictions. 

7.3.1 Further work on combustion and emissions formation 

Both the current work and reports from other authors have indicated potential advantages of the 

free-piston diesel engine in terms of fuel efficiency and emissions formation, and details of these 

processes should be studied in more detail. In particular, the trade-off between nitrogen oxide 

emissions, particulates, and engine efficiency will be of high interest. Due to the particular operat

ing characteristics of the free-piston engine, this trade-off may be different than that known from 

conventional engines. 

Furthermore, the potential for operation optimisation in the free-piston engine should be stud

ied in more detail, with the benefits of the variable compression ratio being the factor of main 

interest. Varying the TOC position will influence the gas motion within the cylinder (in particu

lar squish effects), and the effects of such variations on the combustion and emissions formation 
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should be further investigated. Along with this comes the use of alternative- or low-quality fu

els and the potential of optimising engine operation for any given fuel, in order to, for example, 

allow the use of fuel with lower quality than that required in conventional engines. Much of this 

work can be done using computational models, however eventually it is essential that the results 

be verified through experimental testing. 

7.3.2 Further work on engine control 

The development of an experimental test engine will be of high importance in the investigation 

into engine control issues. This will allow the validation of the results obtained from the sim

ulation model, along with further investigations into engine operational stability, sensitivity to 

disturbances and the feasibility of the proposed control strategies. This will give more accurate 

information on the need for power electronics and energy storage to reduce load variations on the 

engine. 

Further work in engine control may also include theoretical and computational studies inves

tigating more advanced control strategies. In particular, the application of multivariable and non

linear control should be investigated, as such controllers are likely to perform better with the free

piston engine plant than the simple linear 5150 controllers used in this work. 

Finally, topics related to system integration should be investigated, and will include the design 

of the electric machine, conditioning of the electric output, and the integration into a power grid. 

This will require knowledge of the application of the free-piston engine generator, for example if it 

is to be used as a single electric generator in a small application or in a large, multi-unit powerplant. 

This information will give insight into the requirements for the engine to cope with load variations 

and to which extent these can be avoided using power electronics. 
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Appendix A 

Chemical reaction mechanism 

Listing A.1 shows the settings file for the chemical reaction mechanism used in the multidimen

sional diesel engine simulations described in Section 5.3. 

Listing A.1: Chemical reaction mechanism settings. 

ELEMENIS 
H 0 C N AR 

END 

SPECIE 

C7H16 02 N2 m 1-00 

0 em rn H H2 

H02 H202 N NJ C 

IND 

REACllONS 

C7H16 + 1102 -> 7<X)2 + 81-00 1.00E+8 0.0 15780.01 1 

IQRD 1 C7H16 0.25 1 

IQRD 1021.51 

m +0 +M .. CO2 +M 6.170E+14 0.00 3000. 96 

m +rn • <X)2 +H 3.510E+07 1.30 -758. 97 

m +02 .. <X)2 +0 1.600E+13 0.00 41000. 98 

H02 +m • CO2 +rn 5.800E+13 0.00 22930. I 99 

I 

H2 +02 .rn +rn 1.700E+13 0.00 47780. 1100 

H2 +rn .. 1-00 +H 1.170E+09 1.30 3626. fl0l 

0 +rn .02 +H 4.000E+14 -0.50 O. 1102 

0 +H2 .m +H 5.060E+04 2.67 6290. 1103 

H + H02 .0 + 1-00 3.100E+I0 0.00 3590. 1104 

0 +m +M • H02 +M 1.000E+16 0.00 O. 1105 

1-00/6.01 C02/5.01 H2/3.31 m/2.ot N2/0.701 

H +02 +M .. H02 +M 2.800E+18 -.86 0.0!106 

02/0.001 1-001 .001 m/0.751 C02I1.501 N2/0.01 

H +02 +02 .. H02 +02 2.080E+19 -1.24 0.01107 

H +02 + 1-00 .. H02 + H2O 11.26E+18 -.76 0.0!108 

H + 02 +N2 .. H02 +N2 2.600E+19 -1.24 0.01109 

rn + H02 .. 1-00 +02 7.500E+12 0.00 O. 1110 

H + H02 -m +m 1.700E+14 0.0 875. 1111 
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0 + JU2 =02 +rn 1.400E+13 0.00 1073. 1112 

rn +rn =0 + H2O 6.000E+08 1.30 O. 1113 

H +H +M .. H2 +M 1.000E+18 -1.00 O. !114 

H2/0./ H20/0./ C02/0./ 

H +H +H2 =H2 +H2 9.200E+16 -0.60 O. !115 

H +H + H2O =H2 + H2O 6.000E+19 -1.25 O. 1116 

H +H + CO2 =H2 + CO2 5.490E+20 -2.00 O. 1117 

H +rn +M = H2O +M 1.600E+22 -2.00 O. 1118 

H +0 +M .. rn +M 6.200E+16 -0.60 O. 1119 

0 +0 +M =02 +M 1.890E+13 0.00 -1788. !120 

H + JU2 .. H2 + 02 1.250E+13 0.00 O. 1121 

JU2 + JU2 = H202 + 02 2.000E+12 0.00 O. 1122 

rn +rn (+M) .. H202 (iM) 7.600E+13 -.37 O. 1123 

l.CW / 4.300E+18 -.900 -1700.00/ 

1ROE/ .7346 94.00 1756.00 5182.00 / 
H2/2.001 H20/6.001 CD/1.501 C02/2.00/ N2/0.701 

H202 +H .. JU2 +H2 1.600E+12 0.00 3800. 1124 

H202 +UI .. H2O + JU2 1.000E+13 0.00 1800. 1125 

H202 +H = H2O +rn 1.000E+13 0.00 3590. 1126 

H202 +0 .. H2O + 02 8.400E+11 0.00 4260. 1127 

H202 +0 .. rn + HJ2 2.000E+13 0.00 5900. 1128 

H2 + JU2 .. H2O +rn 6.500E+1l 0.00 18800. 1129 

I 

CO2 +N .. NJ +CD 1.900E+ll 0.00 3400. 1130 

N +NJ =N2 +0 3.270E+12 0.30 O. 1136 

N +02 =NJ +0 6.400E+09 1.00 6280. 1137 

N +rn .. NJ +H 7.333E+13 0.00 1120. 1138 

END 
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AppendixB 

Engine dynamic response tests 

Figures B.1-B.7 show the dynamic response of the free-piston engine when subjected to step changes 

in the input variables fuel mass, electric load force, and bounce chamber trapped air mass. 
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Figure B.l: Engine TOC response to a step 
change in bounce chamber trapped air mass. 
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Figure B.3: Engine BOC response to a step 
change in electric load force. 
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Figure B.2: Engine BOC response to a step 
change in mass of fuel per injection. 
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Figure B.4: Engine BOC response to a step 
change in bounce chamber trapped air mass. 
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Figure B.5: Engine TOC response to a step 
change in mass of fuel per injection. 
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Figure B.6: Engine speed response to a step 
change in electric load force. 
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Figure B.7: Engine speed response to a step 
change in bounce chamber trapped air mass. 
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